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Dear reader,

 Globalization increasingly requires more and more international networking between research 
and development engineers. In response to this, the German Research Association for Drive 
Technology (FVA) launched the first Bearing World conference in 2016. With that inaugural 
meeting, the FVA initiated a very fruitful international dialogue in which researchers and developers 
from universities and bearing manufacturers came together with users and experts from the 
industry. 

 The Bearing World Journal, which is published annually, serves to foster exchange between 
international experts during non-conference years by featuring peer-reviewed, high-quality 
scientific papers on rolling element bearings as well as plain bearings. As an international expert 
platform for publishing cutting-edge research findings, the journal intends to contribute to 
technological progress in the field of bearings.

    We are now starting to prepare the 2024 edition of Bearing World Journal and are looking 
forward to new contributions from the scientific and industrial communities. We would like to thank 
all authors for their fascinating contributions to Bearing World Journal No. 8.

_ Prof. Dr.-Ing. Gerhard Poll, Initiator, Head of international Scientific Board 
_ Dr.-Ing. Burkhard Pinnekamp, President of the FVA Management Board 
_  Christian Kunze,  Editor-in-chief

Please send the paper you intend to publish in the next issue of the Bearing World 
Journal via e-mail as Word document to FVA (submission@bearingworld.org). 
In addition please attach a PDF document.
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Assessment of the Wear Behavior of Journal Bearings within a 
Planetary Gear Stage of a Wind Turbine Transmission 

 
Dr.-Ing. Dirk Jaitner1, M.Sc. Benjamin Schmelzle2, Dr.-Ing. Rainer Fiereder3 

 
1 AST, AVL Deutschland GmbH, Dirk.Jaitner@avl.com 

2 AST, AVL Deutschland GmbH, Benjamin.Schmelzle@avl.com 
3 AST, AVL Deutschland GmbH, Rainer.Fiereder@avl.com 

                    
Abstract– Hydrodynamic journal bearings are a key component in heavy duty transmissions, which can be found 
in wind turbines and geared aircraft turbofans. In these applications journal bearings are exposed to harsh load 
conditions characterized by high loads and small sliding speeds e.g., during startup or emergency stop, which leads 
to an increased proportion of operations in mixed and boundary lubricated conditions. The numerical evaluation 
of their reliability, durability and economy, but also their friction power loss and wear are of high importance. In 
this work a method for the prediction of wear in such applications is presented. For this, an FE-based 3D multibody 
simulation is carried out considering all relevant effects of the bearings and the gearing as well as the components 
flexibility including their nonlinear interactions. The journal bearings are represented with a detailed elasto-hy-
drodynamic (EHD) bearing model, which considers temperature and pressure dependent fluid properties, cavita-
tion caused by partial filling of the lubricated bearing gap, transient energy transport due to conduction and con-
vection, thermal expansion, structural deformation, and hydrodynamic as well as asperity friction caused by the 
direct contact of the bearing structures. From wear simulation of different operating points, a worn in profile is 
calculated iteratively also considering the current state of surface roughness. During each wear simulation itera-
tion, the wear profile is superposed to the initial bearing contour and the three-dimensional multibody simulation 
is re-peatedly conducted till a steady state or maximum wear depth is reached. This numerical framework calcu-
lates wear under realistic working conditions based on simulation data that is iteratively calculated. The presented 
method is applied to a planet gear bearing in a planetary gear stage of a wind turbine gearbox. 
 
Keywords – Windturbine, Modelling and Simulation Technology, Wear Analysis, Hydrodynamic journal bearing
                        
 

1. Introduction 
Hydrodynamic journal bearings are a key component 
in wind turbine planetary transmissions often used for 
the planet gear bearings. The wind turbine transmis-
sion connects the rotor and generator of a wind turbine 
driveline to reduce the generators high design demands 
which are present in the design of direct drives. These 
fundamental designs and their pros and cons are dis-
cussed in [1]. One major drawback of geared wind tur-
bine transmissions is that the transmission is responsi-
ble for up to 20 percent of the wind turbine downtime 
[2, 3]. The main reason for this is wear related damage 
of the bearings caused by fundamental problems in the 
tribological system and its design [4, 5]. This is due to 
undesired wear related damages of the bearings caused 
by fundamental problems in the tribological system 
and its design [4, 5]. Until the downtime occurs, unde-
sired high wear continuously damages the bearing 
which reduces the overall performance of the wind tur-
bine and increases the economic losses. This is not al-
ways the case because desired running in wear effects 
in controlled ranges can improve the initial manufac-
tured bearing contour and reduce the maximum pres-
sures in the bearings [4]. Furthermore, the trend to-
wards power density increases and lightweight design 
leads to higher specific loads at for this application 
typically low sliding speeds. This leads to an increase 
in bearing friction with higher asperity contact share 
and wear. The material removal due to wear directly 

changes the shape and surface roughness of the bearing 
and influences its performance and lifetime. Wear is a 
complex mechanism which must be understood funda-
mentally to be able to predict the location of its occur-
rence and continuous progress. 
Therefore, it is necessary to investigate and analyze the 
design concept of a bearing in detail regarding its in-
fluence on the initiation and progress of wear. This can 
be done with a dynamic multibody simulation (MBS) 
with flexible structures, the gear contacts and the 
planet gear journal bearings represented by detailed 
elasto-hydrodynamic (EHD) bearing model. This 
slider bearing model must consider temperature and 
pressure dependent fluid properties, cavitation caused 
by partial filling of the lubricated bearing gap, transi-
ent energy transport due to conduction and convection, 
thermal expansion, structural deformation and hydro-
dynamic as well as asperity friction caused by the di-
rect contact of the bearing structures. 
For a comprehensive wear simulation at different op-
erating points the shape of the worn in profile has to be 
updated as well as the current state of surface rough-
ness iteratively. During each wear simulation iteration, 
the wear profile is superposed to the initial bearing 
contour and the three-dimensional multibody simula-
tion must repeatedly be conducted till a steady state or 
maximum wear depth is reached. The numerical 
framework presented in this paper calculates friction 
and wear under realistic working conditions based on 
iteratively calculated simulation data. The presented 
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method is applied to a planet gear bearing in a plane-
tary gear stage of a wind turbine gearbox. 

2. Theory of EHD Bearing Simulation Model 
The gear stage of a wind turbine transmission and the 
wear behavior of its radial slider bearings are simu-
lated in the present paper with the software AVL EX-
CITETM [6]. In this simulation tool the real gear stage 
is investigated in a detailed multibody simulation 
(MBS) model with flexible bodies [7], which consist 
of condensed three-dimensional finite element struc-
tures, the gear joints for the gears in contact [8] and 
EHD joints [7] for the radial slider bearings. The wear 
simulation methodology as described in [9], considers 
a local mixed-hydrodynamic friction coefficient on the 
hydrodynamic grid level. To predict friction and wear 
inside the EHD bearing, this coefficient is evaluated 
considering viscosity, asperity pressure and local 
roughness parameters. 
 

2.1. Averaged Reynolds Equation for Rough Sur-
faces 
To calculate the pressure in the fluid film of non-linear 
hydrodynamic radial slider bearing contacts the Reyn-
olds equation must be solved. The equation is extended 
by the so-called flow factors according to Patir and 
Cheng [10] to consider the surface roughness effects 
on the pressure and shear flow. 

 
These factors can be derived from statistical surface 
roughness parameters or calculated for three dimen-
sional measured rough surfaces with AVL Microslide 
[11]. The Reynolds equation is solved using the finite 
volume method considering temperature and pressure 
dependent fluid properties, cavitation caused by partial 
filling of the lubricated bearing gap, transient energy 
transport due to conduction and convection, thermal 
expansion and pressure related mechanical defor-
mation of the surrounding structures. 
 
∂
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(Eq. 1) 

To predict the hydrodynamic share of the frictional 
losses due to viscous shear in the thin lubricant film 
the hydrodynamic shear stress for rough surfaces must 
be determined [12] 

𝜏𝜏 = −𝜙𝜙𝑥𝑥𝑃𝑃
ℎ
2
𝜕𝜕𝜕𝜕
𝜕𝜕𝜕𝜕

+ 𝜂𝜂 𝑈𝑈2−𝑈𝑈1
ℎ

[𝜙𝜙∗ − 𝜙𝜙𝑥𝑥𝑆𝑆∗]  (Eq. 2) 

2.2. Dry Contact in the Regime of Mixed Friction 
In the regime of mixed friction asperity contact pres-
sure appears locally when the roughness peaks of the 
surfaces get in direct contact since the fluid film cannot 
separate them anymore. This phenomenon occurs in-
creasingly for harsh load conditions or small sliding 
speeds. According to Greenwood and Tripp [13, 14] 
the contact pressure is calculated as the load share of 
the asperities under the general assumption that the 
summit heights have a Gaussian distribution with the 
relationship [12] 

𝑝𝑝𝑐𝑐 =
16√2

15 𝜋𝜋(𝜁𝜁𝜁𝜁𝜁𝜁)2�
𝜎𝜎
𝛽𝛽 𝐸𝐸

′𝐴𝐴𝐹𝐹5 2⁄ (𝜆𝜆) (Eq. 3) 

The statistical function F5/2 is evaluated with [12]. 

𝐹𝐹5 2⁄ (𝜆𝜆) = �4.4086 ∙ 10−5(4 − 𝜆𝜆)6.804, 𝜆𝜆 < 4
0                                               , 𝜆𝜆 ≥ 4  (Eq. 4) 

The mean asperity shear stress needs to be determined 
according to Coulomb’s friction law to calculate the 
frictional losses for the asperity contact share as [12]. 

𝜏𝜏𝑐𝑐 = 𝜇𝜇𝑐𝑐 ∙ 𝑝𝑝𝑐𝑐  (Eq. 5) 

With the generic friction model described in [12] the 
friction coefficient μc is divided into an abrasive, an 
adhesive and a micro hydrodynamic term. In this 
model the dependency of surface roughness, the local 
dynamic viscosity as well as the asperity pressure on 
the friction coefficient is considered. 

𝜇𝜇𝑐𝑐 = �𝜇𝜇𝑎𝑎𝑎𝑎𝑎𝑎√ ��������
Abrasive

+ �𝜇𝜇𝑎𝑎𝑎𝑎ℎ · 𝑎𝑎−�𝑏𝑏·𝐿𝐿𝑁𝑁������������
Adhesive

+ 𝑐𝑐 · 𝑟𝑟𝑐𝑐 · 𝐿𝐿𝑁𝑁 · �1 − 𝑎𝑎−�𝑏𝑏·𝐿𝐿𝑁𝑁������������������
Microhydrodynamic

 
(Eq. 6) 

With the lubrication number evaluated as [12] 

𝐿𝐿𝑁𝑁 = 𝜂𝜂|∆𝑈𝑈|
𝑝𝑝𝑐𝑐 𝐿𝐿𝑠𝑠

  (Eq. 7) 

2.3. Wear Model 
The wear progress is simulated using Archard’s model 
[15]. In this model, wear is only caused by asperity 
pressure and not by hydrodynamic pressure. There-
fore, the wear load is calculated as 

𝑊𝑊�𝐿𝐿 = 1
𝑇𝑇 ∫ 𝑝𝑝𝑐𝑐 ∙ ∆𝑈𝑈 ∙ 𝑑𝑑𝑑𝑑

𝑡𝑡+𝑇𝑇
𝑡𝑡    (Eq. 8) 

The probability of abrasive wear is modeled with the 
constant Archard Wear Factor k. It dependents on the 
lubricant and contact material properties. With this 
factor and the hardness value H the wear depth can be 
determined as [15]. 

Figure 1: Lubrication Domain for Micro-Bearing Analysis 
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(Eq. 9) ℎ𝑣𝑣 = 𝑘𝑘
𝐻𝐻
𝑊𝑊�𝐿𝐿𝑇𝑇𝑎𝑎𝑎𝑎𝑎𝑎    

3. Planetary Gear Stage Simulation Model 
For the calculation of wear in the journal bearings of a 
planetary gear stage with three planet gears an 
MBS/EHD simulation model is set up in the software 
AVL EXCITETM and can be seen in Figure 2. All bod-
ies are modeled as flexible structures which are repre-
sented as condensed three-dimensional finite element 
structures. Each planet gear is supported by a radial 
slider bearing which is modeled as a double sided EHD 
contact with flexible planet gear and bearing on the pin 
side. For these contacts,  

Figure 2: MBS/EHD model setup in 2D view (top) and three-
dimensional model without housing and ring gear (bottom) 
 
the progress of wear is calculated iteratively. After 
each iteration, a worn bearing profile is superposed to 
the initial bearing contour and the next wear calcula-
tion starts with the worn profile applied to the bearing 
surface. The gear contacts between the sun gear and 
the three planet gears as well as the three planet gears 
and the outer ring gear are modeled with the advanced 
cylindrical gear joint. The elasticity of the gear flanks 
in contact is hereby fully considered.  
 
Table 1: Gear mesh load at tooth flanks for the nominal load. 
Parameter Sun Gear Ring Gear 

Radial Force 107.232 kN -107.232 kN 
Tangential Force -288.913 kN -288.913 kN 

Axial Force -40.604 kN 40.604 kN 
 
The gear mesh loads shown in Table 1 correspond to 
the nominal load case at 100% relative input torque. 

The bearing force and moment given in Table 2 
changes linearly with the input torque. For example, 
the mesh forces given in Table 1 result, considering the 
given helix angle of 8° in Table 2, in a bearing force of 
577.826 kN and a bearing moment of 22.962 kNm. 
The input data for the EHD bearing model of the planet 
gear slider bearings can be found in Table 2. 
 
Table 2: Planet gear slider bearing, gear and lubricant pa-
rameters. 
Parameter Value 
Bearing 
Nominal Bearing Diameter 220 mm 

Bearing Width 370 mm 
Radial Clearance 80 µm 

Lube Oil Supply Pressure 0.3 MPa 
Lube Oil Operating Tem-

perature 75 °C 

Nominal Rotational Speed 28.215 rpm 
Nominal Bearing Load 577.826 kN 

Nominal Bearing Moment 22.962 kNm 
Planet Gear 
Theo. Pitch Circle Diameter 565.503 mm 

Helix Angle 8° 
Lubricant Properties 

Lubricant ISO VG 32 
Lubricant Kinematic Vis-

cosity @40 °C 32 mm²/s 

 
Table 3 contains the surface parameters used for the 
planet gear slider bearings for the input of the wear 
simulation. Sequential wear simulations are performed 
with different input torques by scaling the nominal in-
put torque with 50%, 80%, 100% and 170%. For each 
of the load cases the wear accumulation time is 10 
hours. The load cases were simulated sequentially 
from the lowest to the highest torque until a steady 
state or maximum wear depth is reached, see Figure 6. 
 
Table 3: Bearing surface parameters for the planet gear 
slider bearings. 

Parameter Bearing on 
Pin Planet 

Summit Roughness 
(r.m.s) 0.3 µm 0.3 µm 

Mean Summit Height 0.4 µm 0.4 µm 

Young’s Modulus 75000 N/mm² 210 000 
N/mm² 

Poisson’s Ratio 0.32 0.3 
Surface Roughness 

(r.m.s) 0.5 µm 0.5 µm 

Roughness Orientation 30 30 
Hardness 833 N/mm² 4800 N/mm² 

 
In each iteration the worn bearing shell profile is cal-
culated and superposed to the given initial manufac-
tured bearing profile before the next iteration is per-
formed. 
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4. Results and Discussion 
A common measure to influence the pressure distribu-
tion and accordingly the wear behavior in radial slider 
bearings is applying a specific profile over the axial 
bearing width. In this study an initial bearing profile, 
referred as Base in Figure 3 and Figure 6, is investi-
gated with the descripted methodology.  

 
For the initial bearing profile design, the resulting ac-
cumulated wear depth after each of the different input 
torque load cases are presented in Figure 4. The ap-
plied load over time (10 h until 40 h) is presented in 

Figure 6. Because of the increase in input torque con-
siderably more wear occurs for each load case. There-
fore, the increase in wear is highest for the nominal 
torque (100% of nominal input torque) and the over-
load case (170% of nominal input torque). Since a sig-
nificant amount of wear depth is already reached after 
the first 40 hours the simulation is stopped. The result-
ing pressure distributions and the worn profiles for 
each load case are analyzed and used to define a new 
profile. Herein the effect of the new profile on the 
meshing forces must be considered since there is a 
strong interaction of bearing behavior and gear con-
tacts due to the alignment of the planet allowed by the 
bearing clearance. Hence, the reduction of maximum 
pressure, a flat distribution of pressure for the reduc-
tion of undesired wear and good contact pattern in the 
gear contacts are the main objectives for the optimiza-
tion. In Figure 3 the resulting, optimized bearing pro-
file shape, meeting all objectives for the investigated 
load cases, is shown. This bearing profile shape re-
duces the wear load and the resulting wear signifi-
cantly, see Figure 5. 
In Figure 6 the different load cases and the wear vol-
ume for both simulated bearing profile designs are il-
lustrated over time. For the input torques of 50%, 80% 
and 100% of the nominal input torque the steady state 
is reached at the beginning of the simulation. This con-
clusion can be drawn since the increase in wear volume 

Figure 4: Slider bearing on pin wear height results for the 
initial bearing profile design 

Figure 5: Slider bearing on pin wear height results for the 
optimized bearing profile design 
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is neglectable in further iterations. The scaled nominal 
input torque of 170% increases the wear volume and 
wear depth until steady state is reached for the wear 
depth at 240 h. Already between an accumulation time 
of 160 h and 240 h there is only a slight change in wear 
depth, see Figure 5. 
 

The accumulated wear height for the optimized bear-
ing design is presented in Figure 5. Comparing the re-
sulting accumulated wear for the initial and optimized 
bearing profile design at the time of 40 h in Figure 4 
and Figure 5, the wear height and the wear volume are 
significantly reduced for the optimized bearing profile 
shape. This can also be seen when comparing the max-
imum wear depth after 240 h of 7 microns for the op-
timized profile, see Figure 5, to the 30 microns which 
have been reached after only 40 h with the initial pro-
file. The wear for the overload case (170% nominal in-
put torque) is significantly decreased compared to the 
initial bearing profile design. The decrease in wear a 
longer bearing lifetime. Furthermore, the optimized 
profile shape is more robust regarding its load depend-
ency of the resulting wear. 

5. Conclusions 
The method presented in this paper illustrates the in-
vestigation of the design concept of a bearing in detail. 
The influence of the design on the initiation and pro-
gress of wear is demonstrated for a planet gear bearing 
in a planetary gear stage of a wind turbine gearbox. To 
prevent high wear, ensure a long bearing lifetime and 
to minimize the downtime of the wind turbine due to 
bearing failure it is important to investigate the bear-
ings wear behavior with simulation methods already 
during the design process. Such investigations ensure 
that the bearings design is optimal regarding the 
amount of asperity contact friction, wear load and the 
resulting wear. This results in a bearing that is more 
robust and shows a nearly load independent wear be-
havior. 
 
 
 

Nomenclature 
𝑎𝑎,𝑏𝑏, 𝑐𝑐 Constants for the friction model parametrization 

𝐴𝐴 Apparent contact area 

𝐸𝐸′ Composite Young’s modulus of elasticity 

𝐹𝐹5 2⁄  Statistical function 

ℎ Lubricant film thickness 

ℎ𝑣𝑣 Wear depth 

𝐻𝐻 Material hardness 

𝑘𝑘 Archard wear factor 

𝐿𝐿𝑁𝑁 Lubrication number 

𝐿𝐿𝑠𝑠 Reference length 

M Torque 

𝑝𝑝 Hydrodynamic pressure in contact 

𝑝𝑝𝑐𝑐 Asperity contact pressure 

𝑟𝑟𝑐𝑐 Asperity contact ratio 

𝑡𝑡,𝑇𝑇 Time 

𝑇𝑇𝑎𝑎𝑎𝑎𝑎𝑎 Wear accumulation time 

𝑈𝑈1,𝑈𝑈2 Sliding speed of surfaces 1 and 2 in 𝑥𝑥-direction 

∆𝑈𝑈 Difference in sliding speed of surfaces 1 and 2 
in 𝑥𝑥-direction  

𝑊𝑊𝑙𝑙 Wear load 

𝑥𝑥 Direction along the bearing circumference 

𝑦𝑦 Direction along the bearing width 

𝛽𝛽 Asperity mean summit radius 

𝜂𝜂 Lubricant dynamic viscosity 

𝜁𝜁 Number of asperities per unit area of contact 

𝜏𝜏𝑐𝑐  Asperity shear stress 

𝜆𝜆 Dimensionless clearance height 

𝜇𝜇𝑐𝑐 Friction coefficient 

𝜇𝜇𝑎𝑎𝑎𝑎𝑎𝑎 Abrasive friction coefficient 

𝜇𝜇𝑎𝑎𝑎𝑎ℎ Adhesive friction coefficient 

𝜎𝜎 Surface roughness (r.m.s.) 

𝜙𝜙𝑖𝑖𝑃𝑃 Pressure flow factors in oriented direction 

𝜙𝜙𝑖𝑖𝑆𝑆 Shear flow factor in oriented direction 
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Figure 6: Slider bearing on pin wear volume and loads 
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Abstract– Load capacity design of blade bearings can be performed using high-resolution FE methods and is made 
much more effective by techniques such as surrogate elements or script-based modeling. The design of blade 
bearings is complex due to the combined effects of dynamic load cases on an asymmetrical structural elasticity in 
combination with irregular oscillating patterns of the individual pitch control. To consider fatigue life and harden-
ing depth, knowledge of the local raceway stresses that may occur as a result of these complex blade bearing 
specific loads is necessary. The simplified design technique must therefore be extended to enable a transfer of the 
complex global load relationships to the local contact. 

This article presents an extension of a rotor star FE model including a blade bearing that offers finely 
dissolved contacts for a raceway stress analysis of the most critical sectors. For this purpose, solid rolling elements 
are included alongside surrogate elements in the blade bearing model. Moreover, an analytical slicing technique 
(AST) suitable for impaired elliptical contacts accompanying the FE model is used and compared with the results. 
In conclusion, considering a truncation factor, the AST model shows good agreement with the extended FE model 
by comparing their contact pressure and pointing out characteristic deviations at the raceway edge. 

Keywords – wind turbine blade bearing, four-point contact, simplified finite elements, slicing technique, truncated 
elliptical contact 
                        
 

1. Introduction 
Currently, no method to estimate the service 

life of blade bearings, such as dynamic load ratings ac-
cording to ISO 16281 [1] has been acknowledged [2]. 
At least, it has become established practice to design 
against the permissible pressure according to ISO 76 
[3], [4], which requires a calculation of the raceway 
contacts. For the complex load situation, a FEM simu-
lation must be performed, which includes a structural 
rotor star model with an integrated blade bearing to 
calculate the blade root loads. 

Many publications show the necessity to con-
sider the elasticity of the entire blade-hub joint struc-
ture [5]-[13]. However, it has long been assumed that 
the computational effort of such a comprehensive 
modeling approach is too high [6]. Due to the im-
portance of a safe blade bearing design, a lot of re-
search activity was invested, which enabled such a ro-
tor star model including the blade bearing. Besides the 
increase in computational performance, the complex-
ity of several hundred rolling element contacts can be 
represented by simplified surrogate elements, accord-
ing to Daidé and Kania [5], [6]. With this technique, it 
is possible to efficiently determine the load distribu-
tion as magnitude and effective angle. 

During the structural rotor star simulation, the 
raceway pressure can be analyzed, using further suita-
ble models. One possibility to calculate the contact 
state much more efficiently than using the finite ele-
ment method is the Hertzian theory [14]. However, if 
truncation occurs, or if the pressure distribution needs 
to be calculated under the influence of surface spalling, 
an applicable calculation variant is the Alternative 
Slicing Technique (AST), according to Teutsch [15] or 

Reusner [16]. These methods are based on a simplified 
half-space model [17] and were modified with the ap-
proaches presented by Houpert [18], [19]. 

To investigate the raceway pressure distribu-
tion at any arbitrary circumferential position, by taking 
the elasticity of the rotor star into account, this contri-
bution presents an extended blade bearing FE model 
that combines simplified elements with solid rolling 
elements. The combination is achieved by iteratively 
adjusting the spring stiffness of the simplified ele-
ments. Thus, critically loaded raceway sectors can be 
evaluated directly from the FE model, but also analyt-
ically. Finally, the results of the extended rotor star FE 
model are compared with the AST model results. 

2. Methodology 
For the safe design of blade bearings, it is nec-

essary to dimension them in advance to accommodate 
different load situations. To do this, FEM simulations 
can be used. However, these are very complex, and to 
make them more efficient and less computationally 
time-consuming, there are several approaches to sim-
plify the complex relationships. The following sec-
tions explain the basics and models that can be used to 
modify a FEM model. Furthermore, the benefit of slice 
models in interaction with a FEM simulation is ex-
plained. 

3. Contact Load Modeling 
Load distributions 𝑄𝑄𝑗𝑗  and contact angles 𝛽𝛽𝑑𝑑𝑑𝑑𝑑𝑑  

of four-point contact bearings frequently used as a 
blade bearing are calculated via measuring the axial 
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∆𝑍𝑍 and radial ∆𝑅𝑅 displacement of the centers of curva-
ture during a FEM simulation. Thereby, the defor-
mation of the rolling element cutting plane in each cir-
cumferential sector is described according to equa-
tion 1. 

𝛽𝛽𝑑𝑑𝑑𝑑𝑑𝑑 = 𝑡𝑡𝑡𝑡𝑡𝑡−1 �
∆𝑍𝑍
∆𝑅𝑅

� (Eq. 1) 

For an ideal sphere, the contact forces always 
point to the rolling element center. Figure 1 shows that 
for a four-point contact geometry the centers of curva-
ture of the raceways lie on the extension of the result-
ing contact lines and thus enclose the rolling element 
in two gothic arcs. 

Combined with the Hertzian theory, simpli-
fied surrogate elements are the state-of-the-art model-
ing technique to enhance the efficiency of the calcula-
tion. With surrogate elements, solid-body modeling is 
replaced by coupling two centers of curvature with a 
nonlinear compression spring. 

Figure 2 shows the centers of curvature used 
as support points to couple opposing rigid shell ele-
ments [5]. During further development of modern FE 
software, distributing coupling elements (Figure 3) are 
available in addition to rigid shell elements which al-
low the simulation to be carried out more effectively 
and stable. 

The difference between both modeling tech-
niques is that shell elements represent a rigid indenter 
with just a single curvature profile against an elastic 
raceway contour, whereas using couplings in the FEM 
software different functions, such as rigid kinematic, 
continuum, and structural distribution can be adjusted 
to introduce the load from each node. However, both 
substitution techniques cannot adequately describe the 
load-dependent, nonlinear change of the contact sur-
faces. This fuzziness is amplified by the blade bearing-
specific strongly varying contact load distribution. 

Figure 4 shows the nodal force distribution of 
opposing raceways of a solid rolling element. In sig-
nificant difference to surrogate modeling techniques, 
the raceway pressure distribution can be calculated 
considering impaired and changing contacts. 

4. Rotor Star Finite Element Model 
The presented FE model incorporates the in-

fluence of connected bodies. Figure 5 shows the one-
third rotor star model, consisting of a rotor blade con-
nected to the inner blade bearing ring with bolts 
through a stiffening ring. 

Table 1: WT, Model information 

Wind turbine 
Performance class 3 𝑀𝑀𝑀𝑀 
Approx. blade length 60 𝑚𝑚 
Hub height 85 𝑚𝑚 
Four-point contact bearing, 
double rows 
FE model 
1/3 rotor star ~9 million elements 
Loads acting at blade chords 
Spring & full rolling elements 

Figure 2: Rigid shell elements [13] 

Figure 3: Distributing coupling elements 
 

Figure 4: Nodal load distribution of a FE solid 
contact simulation 

 

nodal 
forces 

Figure 5: Graphic representation of the 1/3 rotor star FE model 

Figure 1: Four-point contact bearing geometry 
 

2a 2b

rigid shell

non-linear spring

rigid beam

elements:
𝐶𝐶𝑠𝑠
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The outer bearing ring is also connected to the hub by 
a bolted connection. Due to the wind loads acting on 
all rotor blades, the loads in the stroke are superim-
posed, which is considered negligible for this article. 
In the simulation, the loads are imposed on the rotor 
blade after previously calculating the wind loads using 
the NREL Aerodyn v.17 code. 

4.1. FE Model Extension 
Figure 6 shows a representation of a blade 

bearing with two integrated rolling elements as part of 
the extended rotor star FE model (FEM 1). Since sim-
plified surrogate elements are only suitable for fully 
supported contacts [5], but situations with truncated 
contact ellipses must also be investigated, rolling ele-
ments with a locally fine discretization are integrated 
at these critical contacts. Due to the fine contact zone 
mesh of the rolling elements, the total element number 
of the rotor star model increases from ~1 m. to ~9 m. 
elements for two integrated rolling elements, although 
a strict partitioning strategy was used to reduce the el-
ement number. By pitching the rotor blades in the dy-
namic wind field, the critically loaded sector (dashed 
lines) shifts with the composition of the wind loads and 
the position of the components involved in the load 
transfer. Therefore, a pre-simulation is required to 
identify the load distribution apex (critical sector). 

4.2. Rolling Element Integration 
To combine surrogate elements alongside 

solid rolling elements in the same FE model, an itera-
tive stiffness adjustment of the non-linear spring ele-
ments is required. The objective of the iteration is to 
match the load distributions of the extended model 
(FEM 1) with the model that consists entirely of sim-
plified surrogate elements (FEM 2). 

Figure 7 shows that the iteration starts with 
scaling of an already known stiffness curve by 30%, to 
subsequently decrease it step wisely until the load dis-
tributions match. By lowering the stiffness of the 
spring elements, the load on the solid rolling elements 
increases disproportionately stronger. As a result of the 
adjustment, an approximate match of the load was 
achieved at an increased spring stiffness of 18 %. The 
unscaled reference stiffness curve next to the curve de-
termined in this way is shown in Figure 8. 

Figure 6: Step cut through the exemplarily loaded blade bearing of the FE model with integrated rolling elements 
(FEM 1) 

 

Figure 7: Adjustment of spring element stiffness to solid 
rolling elements 

 

Figure 8: Used non-linear spring stiffness curve, scaling 
factor 1.18 
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For a more accurate result, the value of the 
determined curve is slightly lower, because the solid 
rolling elements at the apex of the load zone (critical 
sector) transfer higher loads compared to the directly 
neighboring elements. As long as the rolling element 
stiffness does not match the stiffness of these adjacent 
spring elements there is a mutual influence, thus using 
the subsequent spring elements increases the conver-
gence. 

Figure 9 shows the comparison of the load 
distribution between FEM 1 and FEM 2 of a load case 
in which the edge pressure is initially greater than the 
Hertzian contact pressure on the raceway. Thereby, the 
contact surfaces of simplified elements outside of the 
critical sector are subjected to lower loads and not no-
ticeably truncated. The results yield a close agreement 
with a relative deviation of less than 1 % of the maxi-
mum value. The scaled stiffness of the replacement el-
ements also shows the same agreement for other blade 
root loads. 

No preload and no clearance were assumed in 
the bearing modeling. These values would affect the 
results significantly. The corresponding bearing speci-
fications are given in Table 2. 
 
Table 2: Blade bearing specifications 

𝑑𝑑𝑚𝑚 2.4 𝑚𝑚 bearing diameter 
𝑑𝑑𝐵𝐵 45 𝑚𝑚𝑚𝑚 ball diameter 
𝑑𝑑𝑅𝑅 46.8 𝑚𝑚𝑚𝑚 raceway diameter 
𝛽𝛽0 45 ° contact angle undeformed 
𝐸𝐸 210 𝐺𝐺𝐺𝐺𝐺𝐺 young‘s modulus 
𝜈𝜈 0.3 poisson’s ratio 

 
 

The selected load case (Table 3) is a condition in 
which a locally limited critical sector with truncation 
occurs at the load zone apex. Thereby, the blade root 
loads correspond to the composition of the wind loads 
acting as forces on the chords of the airfoil. These 
loads have been scaled by assuming a normal wind tur-
bulence distribution according to DIN EN 61400 [21] 
to produce a typical blade bearing load distribution for 
the analysis. 

4.3. Contact State Variables 
With the help of FEM simulation, it is possible 

to determine the load distribution in the blade bearing. 
Usually, a model with simplified surrogate elements 
(FEM 2) is used providing these values to an accom-
panying analytical model. This can be used to obtain 
the contact variables, such as the semi-axis lengths 
𝑎𝑎, 𝑏𝑏, the pressure distribution 𝑝𝑝𝑗𝑗, and the deflection 𝛿𝛿𝑗𝑗. 
Generally, the Hertzian theory provides good results 
even if not all conditions are strictly fulfilled. In case 

the elliptical contact surface is not fully developed, the 
results do not agree anymore, which is addressed in the 
following discussion. 

Figure 10 shows a comparison of the contact 
angle variations between the inner and outer ring of the 
two rolling elements integrated into FEM 1 (see Fig-
ure 9, contact lines 1, 2). It shows that the contact point 
on the hub side performs a stronger migration. As men-
tioned above, the contact angle shifts depending on the 
centers of curvature in the rolling element cutting 
plane. The variation is obtained by counting the con-
tact nodal forces and is used to provide a resulting roll-
ing element load towards the AST model. 

Table 3: Blade root loads 

𝐹𝐹𝑧𝑧 240 𝑘𝑘𝑘𝑘 
𝑀𝑀𝑥𝑥 1.61 𝑀𝑀𝑀𝑀𝑀𝑀 
𝑀𝑀𝑦𝑦 3.77 𝑀𝑀𝑀𝑀𝑀𝑀 

Figure 9: Load distribution comparison 
FEM1: 1/3 rotor star model with simplified elements and integrated rolling elements 
FEM2: 1/3 rotor star model with simplified elements 
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The variation of the maximum pressure of the 
integrated rolling elements of FEM 1 is depicted in 
Figure 11. If the contact is fully supported the pressure 
is far below the permitted pressure of 4.2 GPa, accord-
ing to ISO 76 [3]. However, truncation starts before the 
bend of the curve in the diagram, since with increasing 
contact force the pressure maximum initially remains 
in the center of the ellipse until it is exceeded by the 
pressure peak that develops at the raceway edge. Due 
to this behavior, it is recommended to use the combi-
nation of contact angle and calculated semi-axis length 
to examine truncation. 

Moreover, it can be seen in Figure 11 that the 
shift of the pressure maximum occurs at lower contact 
loads at the inner ring, which can be explained by a 
stronger migration of the contact angle. Additionally, 
the blade root bending moment also acts directly on the 
inner ring. 

Although the design of large slewing bearings 
aims at avoiding truncation, a safe exclusion seems 
challenging given their comparatively high elasticity 

under highly fluctuating wind loads. In the blade bear-
ing design, it is sought to adapt the key parameters of 
the raceway contour to avoid truncation. The interac-
tions of the key design parameters, such as oscillation 
ratio, undeformed contact angle, and blade-hub joint 
stiffness, would require further variations of the FE 
models and thus exceed the scope of this article. Sub-
sequently, the sensitivity of the osculation ratio ex-
cluding further interactions is addressed in the result 
section 6.6 by the AST model. 

5. Slicing Technique for Point Contacts 
To obtain the contact state variables a FEM 

simulation is not always the most efficient way and 
sometimes it is advisable to use time-efficient analyti-
cal methods, with which it is possible to infer the result 
within a few milliseconds. The pressure distribution 
within a Hertzian contact can be of particular interest 
for blade bearing point contacts. In the case of a trun-
cated contact or spalled raceway, increased stresses 
can occur at the rough edges. Whether these stresses 
lead to an overload of the material is of particular in-
terest. The method presented had its origin in the de-
sign of cylindrical roller bearings [15]-[17] and [20], 
[22], with them it is possible to calculate the load dis-
tribution alongside a line contact by dividing the roller 
into many narrow slices. Compared with the method 
from ISO 16281 the methods developed by Teutsch 
and Reusner additionally takes the influence of a load 
on adjacent surface areas into account. The presented 
method is based on Teutsch's approach for line con-
tacts and is extended with the approaches of [18] and 
[19] to make the approach also suitable for point con-
tacts. It should be noted that a global bearing calcula-
tion is still necessary to obtain the needed input such 
as contact force and contact angle first to use this 
method. It solely calculates one contact without the in-
teractions between the different rolling elements, 
which are included in the global calculation, such as 
the presented numerical approach. 

The Alternative Slicing Technique (AST) 
uses curve fitting factors provided by Houpert [18]. 
They are named CA, CB, CD, CP and f2 to approxi-
mate the greater- and lesser half width a and b, the de-
flection 𝛿𝛿 and pressure p. The factors are solely based 
on the ratio of equivalent radii k 

Figure 10: Contact angle variation of integrated rolling 
elements, FEM 1 

 

Figure 12: Geometric dependencies between the discs for 
the AST model 

 

Figure 11: Maximum raceway pressure, FEM 1 
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𝑘𝑘 =
𝑅𝑅𝑦𝑦,𝑒𝑒𝑒𝑒

𝑅𝑅𝑥𝑥,𝑒𝑒𝑒𝑒
 (Eq. 2) 

Where the equivalent radii of two contacting bodies 
are defined as follows, while concave curvatures are 
defined as negative 

1
𝑅𝑅𝑥𝑥,𝑒𝑒𝑒𝑒

=
1
𝑟𝑟1𝑥𝑥

+
1
𝑟𝑟2𝑥𝑥

 (Eq. 3) 

1
𝑅𝑅𝑦𝑦,𝑒𝑒𝑒𝑒

=
1
𝑟𝑟1𝑦𝑦

+
1
𝑟𝑟2𝑦𝑦

 (Eq. 4) 

To calculate the variables in a deflected contact the di-
mensionless load W needs to be determined 

𝑊𝑊 =
𝑄𝑄

𝐸𝐸′ ∙ 𝑅𝑅𝑥𝑥,𝑒𝑒𝑒𝑒
2 (Eq. 5) 

With this it is possible to calculate the initial deflection 

𝛿𝛿 = 𝐶𝐶𝐶𝐶 ⋅ 𝑊𝑊
2
3 ⋅ 𝑅𝑅𝑥𝑥,𝑒𝑒𝑒𝑒  (Eq. 6) 

To describe the influence of a load of one 
slice on the neighboring slices in a simplified way, a 
geometric dependency matrix is used, which was ex-
tended with the approach from [18] to make Teutsch's 
approach dimensionless. Regarding to the dependen-
cies are described as follows 

𝑤𝑤𝑗𝑗,𝑘𝑘 =  �
1
𝑟𝑟𝑗𝑗,𝑘𝑘

�        𝑤𝑤ℎ𝑒𝑒𝑒𝑒        𝑗𝑗 ≠ 𝑘𝑘 (Eq. 7) 

𝑟𝑟𝑗𝑗,𝑘𝑘 =  𝑎𝑎𝑎𝑎𝑎𝑎(𝑘𝑘 − 𝑗𝑗) (Eq. 8) 

𝑤𝑤𝑗𝑗,𝑘𝑘 = 4                𝑤𝑤ℎ𝑒𝑒𝑒𝑒       𝑗𝑗 =  𝑘𝑘 (Eq. 9) 

Next, it is necessary to establish the load-deflection de-
pendency 𝑠𝑠 related to the length of one slice. 

𝑠𝑠 =
2

𝜋𝜋 ∙ 𝐸𝐸′
∙

𝐶𝐶𝐶𝐶
𝐶𝐶𝐶𝐶 ∙ 𝐶𝐶𝐶𝐶 ∙ 𝑙𝑙𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠

 (Eq. 10) 

With matrix 𝑤𝑤 and the number of slices that are in con-
tact 𝑛𝑛𝑒𝑒𝑒𝑒𝑒𝑒, it is possible to calculate the weighted yield-
ing matrix 𝑆𝑆𝑤𝑤 for the inner and outer ring contact. 

𝑆𝑆𝑤𝑤 =
𝑛𝑛𝑒𝑒𝑒𝑒𝑒𝑒
∑𝑤𝑤𝑗𝑗,𝑘𝑘

�
𝑤𝑤1,1 ⋯ 𝑤𝑤1,𝑛𝑛
⋮ ⋱ ⋮

𝑤𝑤𝑛𝑛,1 ⋯ 𝑤𝑤𝑛𝑛,𝑛𝑛

� (Eq. 11) 

Next the geometrical interference Δ along the roller 
race contact at each point along the y-axis can be cal-
culated as a function of deflection 𝛿𝛿 and the distance 
between the raceway and the rolling element. Accord-
ing to Houpert this results to 

𝛥𝛥𝑖𝑖 = 𝛿𝛿 −
𝑦𝑦𝑖𝑖

2

2 ∙ 𝑅𝑅𝑦𝑦,𝑒𝑒𝑒𝑒
 

(Eq. 12) 

To calculate the individual force of each slice i the fol-
lowing equation is established. 

�𝑞𝑞𝑖𝑖� =
𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶
𝑠𝑠

∙ �𝑆𝑆𝑤𝑤,𝑖𝑖,𝑗𝑗
−1� ∙ �𝛥𝛥𝑗𝑗� (Eq. 13) 

The condition must be fulfilled that the sum of the in-
dividual forces of each slice corresponds to the total 
force. This forms the equilibrium, in which the deflec-
tion 𝛿𝛿 must be adjusted iteratively. In his research, 
Houpert found that the influence of truncated contacts 
resulted in slight differences compared to his reference 
calculations. He therefore introduced a correction fac-
tor Coef. This is dependent on the curvefit-factor f2 
(found in [19]) and a geometric value D. 

𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 = 𝑚𝑚𝑚𝑚𝑚𝑚(1,𝑇𝑇0,18) 

𝑇𝑇 = 𝑓𝑓2 ⋅ √𝐷𝐷 = 𝑓𝑓2 ⋅ (𝛿𝛿0 ⋅ 𝑅𝑅𝑥𝑥,𝑒𝑒𝑒𝑒)/𝐿𝐿2 (Eq. 14) 

While 𝛿𝛿0 being the contact deformation at the ellipse 
center and 𝐿𝐿 the effective contact length. 

0 = ∑𝑞𝑞𝑖𝑖 − 𝑄𝑄 (Eq. 15) 

According to Houpert [19] the resulting pressure at 
each calculated slice is calculated as follows 

𝑝𝑝 = 𝐸𝐸′ ∙ �
𝑞𝑞𝑖𝑖

2𝜋𝜋 ∙ 𝐸𝐸′ ∙ 𝑅𝑅𝑥𝑥.𝑒𝑒𝑒𝑒 ∙ 𝑙𝑙𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠
 

(Eq. 16) 

In his research, Houpert also identified differ-
ences between the numerically determined pressure 
peaks at the edges using the CST tool from Timken 
company and those using the modified AST method. 
To include this difference in the calculation of the trun-
cated contacts, the load 𝑞𝑞𝑖𝑖 on the first as well as the last 
loaded slice must be multiplied by 1.25. The obtained 
results from this method are presented and compared 
to the FEM method in the next section. 

6. Results 
The contribution is based on several simula-

tions of a blade bearing in a rotor-hub joint, which in-
itially aims to enable the integration of rolling ele-
ments for the local contact stress analysis. For the com-
parison, an analytical model for point contacts suitable 
for large slewing bearings was taken up from the liter-
ature, which also can analyze impaired contact sur-
faces. With further simulations, the quality of each 
model is evaluated by refining the approximation. 

The comparisons between FE and AST meth-
ods exemplify the magnification of the truncated con-
tact ellipse in section 6.1 and the pressure distribution 
in section 6.2 of the previously selected critical load 
case in Table 2. The magnification evaluation is per-
formed for the raceways on the blade row where the 
highest pressures occur. Since the AST model starts 
with the approximation of the contact profile into dis-
crete slices, this information must be obtained from the 
FE model and is described by the degree of truncation, 
shown in Figure 13 below. Subsequently, the AST 
model can be adapted to the condition of the FE model 
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by using the information on the rolling element load 
and the contact angle. 

The results of both models can be compared 
in joint graphs but must be understood in terms of their 
chosen resolutions. Therefore, in section 6.3 the net 
density of the FE model and separately in section 6.4 
the AST model discretization is described. Since both 
methods use different techniques to approximate the 
contact profile, no direct comparison is presented. 

Finally, two investigation capabilities with 
the AST model are exemplarily presented, to show the 
effects of impaired contacts. 

6.1. Truncation factor 
In this article, the truncated length is ex-

pressed as a proportion of the major semi-axis in the 
radial direction, described in equation 17. 

𝑡𝑡𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃 =
2𝑎𝑎𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻 − 2𝑎𝑎𝐹𝐹𝐹𝐹𝐹𝐹

2𝑎𝑎𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻
 (Eq. 17) 

The Hertzian Contact theory represents an 
ideal case whose conditions are not fully met by the 
blade bearing geometry. As a consequence, in Fig-
ure 13 the Hertzian semi-axis length is generally 
slightly higher than the semi-axis calculated via 
FEM 1, causing a deviation of the presented truncation 
factor. 

To identify truncation no contact simulation 
of the raceways is needed. It is most common to check 
whether the contact ellipse exceeds the raceway by a 
simple comparison of the semi-axis length with the 
raceway width, considering the contact angle, which 
can also be determined with a surrogate element model 
such as FEM 2. However, due to the slightly larger 
Hertzian contact ellipse, this method is more conserva-
tive than a FE simulation. 

6.2. Pressure Distribution 
In the FE model, a surface smoothing filter 

was deliberately not applied to achieve the most unal-
tered results possible. For comparison, however, the 
result points are then represented by a curve fit. As Fig-
ure 14 depicts, a close agreement with the FE results is 
obtained in the comparison of the unimpaired left ma-
jor semi-axis. 

To correspond to the pressure distribution of 
the slicing model in the comparison, the evaluation of 
the FE contact pressure distribution was terminated 
when the maximum value was reached, which results 
in an immediate pressure drop instead of a sloping 
curve. Besides consistent differences between the in-

Figure 14: Raceway pressure distributions, FEM 1 versus AST, blade row, 1 

Figure 13: Contact ellipse semi-axis length and truncation 
FEM 1, blade row 1 

 

Figure 15: Pressure ellipse, 
outer ring, blade row 
tprof=14.6 % 
Q=34 kN 
βdef=61 deg 
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ner and outer raceways and similar model-specific be-
havior of the truncated major semi-axis, deviations in 
the pressure distributions can also be observed at the 
raceway edge. 

The position of the edge pressure peak 
(~15.36 mm) calculated by the AST model is reasona-
bly close to the FE pressure peak, given by the load-
deformation relation of the contact load and angle and 
the truncation factor. However, the pressure peaks of 
the FE results are slightly displaced since the pressure 
peak becomes maximum just behind the edge towards 
the radius. 

The pressure peak also increases earlier in the 
FE model, which is probably related to a locally larger 
deformation of the edge zone in the FE model. 

Just before the pressure peak occurs in the FE 
model, the pressure curve drops locally more than in 
the AST model. One explanation is a stronger effect of 
the weighted yielding matrix in the AST model on 
neighboring slices. 

At the inner ring, the pressure exceeds the the-
oretical linear-elastic behavior. The corresponding 
mesh study shows that the stress peaks only grow 
weakly with a further increase in the mesh density. As 
a result, the stress peaks finally converge to higher val-
ues. 

As explained in section 5, the scaling of the 
first and last slice according to Houpert improves the 
results of the pressure peak given by the AST towards 
the FEM results. Nevertheless, this comparison was in-
tended to show that an approximate estimation of pres-
sure spikes is possible with analytical methods in order 
to be able to act significantly more time-efficiently. It 
could be shown that the AST method is able to calcu-
late critical states with sufficient accuracy. With this 
information, the blade bearing modelling can be 
adapted without having to rely on computationally in-
tensive methods. 

6.3. FEM Net Density 
Figure 16 shows mesh study curves of the 

raceway edge including the values at the radius. The 
investigation was carried out on the blade-side outer 

ring. In the process, the element volume was reduced 
to a lower percentage of the local element volume that 
was used in FEM 1 to approximate the contact zone. 
For the fully formed semi-axis, the pressure distribu-
tions of both models are almost identical. The results 
cannot be improved by further mesh refinement. 

On the part of the truncated semi-axis, mesh 
refinement leads to an increasing but converging 
pressure peak. However, the peak converges slightly 
above the limit to plasticization. 
It can be assumed that for values near the plasticization 
zone, local deformations tend to form, which then 
lower the peak. However, this is outside of the material 
behavior that is assumed for the FE model. 

Since convergence can be achieved at the 
edge, it is reasonable to also specify a value that scales 
the load peak as a function of the mesh density, be-
cause this would allow computing time to be saved 
without loss of quality. 

6.4. AST Discretization 
Similar to the FEM net density the pressure 

spike on the truncated contact can be approximated 
more precisely the finer the discretization is chosen. If 
the discretization of the slice length is too coarse, it is 
possible that the point of the highest pressure may be 
missed. On the contrary, a high discretization serves to 
represent the pressure as well as possible, but at the 
cost of computing time. 

Compared to bearings such as those used in 

gearboxes, a high level of discretization is particularly 
important for the long contacts in blade bearings. Fig-
ure 17 shows the maximum pressure of the truncated 
edge about the slice discretization and plotted against 
the calculation time. Since the calculation time is 
highly dependent on the system used, it should only be 
perceived as a relative change in calculation time. It 
can be seen that the pressure increases significantly at 

Figure 17: Edge mesh study, FEM 1, blade row, 1 
 

Figure 16: Effect of calculation accuracy on time and pres-
sure convergence of AST model 
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first and approaches a limit value at higher discretiza-
tion. In contrast, the computation time increases expo-
nentially with increasing discretization. 

In this example, a minimum of 1001 slices are 
reasonable to obtain proper results, which corresponds 
to a slice width of 0.015mm. If this slice width would 
be transferred to a 6008 DGBB at the same pressure, it 
would only correspond to a slice number of about 151. 
This should demonstrate that to obtain a similar quality 
of results, a significantly higher number of slices is re-
quired for the dimensions of a blade bearing compared 
to a 6008 bearing, which of course results in a longer 
calculation time too. Since truncation occurs only at a 
few contacts if at all, this method is used only rarely. 
A high calculation time is therefore acceptable. 

6.5. Surface Spalling Edge Pressure 
Another benefit is the rapid investigation of 

the effect of raceway damages on the pressure distri-
bution. Figure 18 shows the difference in pressure dis-
tribution on a raceway containing a spalling and an in-
dent compared to an undamaged raceway under the 
same load conditions. The influences of a raceway 
shortened by a breakout are visible. On the one hand, 
the pressure spikes at the edges of the breakout are vis-
ible and, on the other hand, there is a significant wid-
ening of the contact and an overall higher contact pres-
sure due to the missing part of the raceway within the 
contact ellipse. 

The method thus creates a possibility to in-
vestigate the effects of damage on the contact pressure, 
so that an estimation of the severity becomes possible 
to decide whether a further operation is permissible. 

6.6. Osculation 
An advantage of the analytical study of trun-

cated contacts is the flexibility to quickly investigate 
other contact geometries for their suitability without a 

complex FEM result analysis. Figure 19 shows the 
same truncated contact on the inner ring from Fig-
ure 14, which has an osculation of ~3.85 %. Changing 
this osculation also results in a change of the contact 
pressure. With this method, it is therefore also possible 
to efficiently determine the optimum osculation under 
any load situation. 

7. Conclusions and Perspective 
With the application of the AST model for a 

blade bearing, this paper shows an alternative method 
to the Hertzian Contact theory for local raceway stress 
analysis, which can also investigate impaired race-
ways. For this, contact modeling is necessary, other-
wise, a surrogate element model can be applied. To de-
termine a load case that exceeds the capabilities of sur-
rogate elements, a global rotor star model was ex-
tended to include a contact simulation for locally de-
tailed solid rolling elements to be set up at any arbi-
trary position. Thus, critical contacts can be analyzed 
considering the blade-hub joint structure and the com-
position of the load spectrum. 

The degree of discretization of the two mod-
els corresponds to a trade-off between convergence 
and efficiency. Apart from a closer agreement between 
AST and FEM for the impairment-free contact regions, 
the pressure peaks at the raceway edges converge only 
for a discretization with very high resolution. This is 
especially difficult in a global FE approach regarding 
computational capacity. Therefore, it is recommended 
to derive a scaling factor from a mesh study of the race-
way edge to subsequently scale the simulated pressure 
peak according to similar recommendations for the 
AST model by Houpert. 

In addition to the high analysis efficiency, the 
AST model also allows for the investigation of inter-
esting effects of damaged raceways, such as a magni-
fied contact profile next to the formation of a pressure 
peak in case of damaged raceways. Since Hertz is not 
suitable for studying interrupted pressure curves, the 
model provides the fastest, but also conservative 
results. A load capacity potential is implied by using 

Figure 18: Pressure distribution under the influence 
of raceway spallings I, II 
Corresponding damage pattern: 
Image taken during fatigue tests of 
four-point contact bearings 

 

Figure 19: Osculation influence 
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AST and FEM against the permissible pressure 
directly. 

For upcoming research it would be 
interesting, if a more detailed design criterion than a 
single value of a permissible pressure leads to a more 

accurate load capacity design, taking into account the 
local pressure distribution calculation. 
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Experimental results are presented showing the effects of surface changes due to parasitic bearing currents on the 
measured impedances of an axial bearing. Operating point-dependent impedance curves have proven useful for the 
electrical characterization of a mechanical machine element in order to estimate the current densities that occur. 
However, the changes in impedance as a result of surface changes caused by the electric current are largely unknown 
and will be examined in more detail in the present investigations. For this purpose, impedance curves on a 51208 
axial rolling bearing are measured under defined operating conditions using the E-Lub Tester, a new test rig devel-
oped by flucon fluid control GmbH, and are defined as a reference. The E-Lub Tester is then used to selectively 
generate electrical breakdown currents that cause surface mutations (corrugations/discharge cra- ters/surface 
smoothing). These emerging surfaces are measured and documented using a confocal microscope at MEGT. In the 
following, the operating points of the bearing reference condition are applied again by means of the E-Lub Tester 
and the changes in impedance due to the surface modification are investigated. No further ex- amination of the 
lubricant is carried out. However, by changing the oil regularly, any influence on the results (as a consequence of 
electrical damage done to the lubricant) is excluded. Finally, the results are to be correlated to a simplified lubri-
cation gap height calculation and tribologically equivalent conditions are to be compared. 
Keywords – bearing currents, bearing impedance, surface mutation, measuring system, breakdown voltage, EDM 
 
 
 
 

1. Introduction 
The flow of parasitic electric currents in rolling bear- 
ings is a phenomenon caused by more common use of 
variable-speed drive trains with power inverters. This 
unintended current in the lubrication gap can damage 
and influence both the bearing and the bearing lubri- 
cant. [Koh43], [Mue04], [Fur17], [MG21], [GS21]. 
Typical damage patterns that can occur during this pro- 
cess and will be demonstrated in our experiments are 
shown in Figure 1. These patterns are: a) isolated cra- 
ters as a result of discharges, b) ripples and c) so-called 
grayfrosting caused by ohmic current flow. 
 
 

Figure 1: Microscopic images of damage caused by electri- 
cal breakthrough: a) discharging craters, b) fluting-caused 
ripples, c) grayfrosting 

In addition, electric currents may change the lubricant 
properties [Mue04], [Jag05] [Bec20], which may lead to 
the occurance of white etching cracks (WECs) 
[LBG21], [HBM+23] and increased discharge-based 
grayfrosting. [Rad16], [Gem17] 
For the prediction and determination of the parasitic cur-
rents, electrical impedance simulations [Pre02], 
[Gem16], [MG21] as well as the measurement of the 
bearing impedance [Pre02], [Bec20] have proven them-
selves. 
 
The following investigations are to determine the in- fluence 
of surface changes caused by the passage of electric current 
on the impedance measurement. It has already been shown 
[MBK22] that it is possible to de- tect raceway damages in 
rolling bearings by means of the physical quantity of the im-
pedance. Following this concept, rolling bearing raceways 
are first damaged electrically in a defined manner (cf. Figure 
1). The change in impedance and its characteristics are then 
analyzed under various mechanical operating condi- tions. 
Furthermore, interactions between the measured bearing im-
pedance and the electrical load are demon- strated within the 
scope of the series of tests presented here. 
For our investigations we used a new thrust bearing tester 
designed by flucon fluid control GmbH which was based on 
the GESA adapter developed in FVA 650 II [BW20]. 
 
2. Methodology and experimental setup 
The electrical damage of bearings is investigated by fo-
cussing on the surface mutation of the raceway. The test 
procedure is illustrated in the diagram below (Fig- ure 2). 
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Figure 2: Test procedure 
 
Before initial operation, the surface of the bearing race-
way is measured by means of a μsurf confocal mi- cro-
scope. This is followed by a 16-hour running-in pe- riod 
based on the procedure of [Bec20], which is doc- 
umented through an hourly impedance measurement. 
After this, the surface is measured again. The lubrica- 
tion condition is then modified by variation of the me- 
chanical boundary conditions. Following this, the dif- 
ferent electrical boundary conditions according to Ta- 
ble 1 are applied. 
 
Table 1: Electrical boundary conditions 
 

Number of 
experiment 

Operating 
point 

Electr. 
load 
(type) 

Run- 
ning 
time 

#E1 1,500 N 
1,000 rpm 
40°C 
30 V (pk to pk) 

hourly 
60 ms 
pulse 

10 h 

#E2 1,500 N 
1,000 rpm 
40°C 
3 A (constant) 

perma- 
nent DC 
load 

10 h 

#E3 1,500 N 
1,000 rpm 
80°C 
40 V (pk to pk) 

perma- 
nent AC 
load 

72 h 

 
These conditions are based on flucon's experimental ex-
perience, supported by results from the research pro- ject 
[GS21] and [GCK23]. During experiment #E1 break-
down voltages are applied for a short exposure time (60 
ms) to check if permanent effects of electrical discharge 
machining (EDM) currents can already be found 
through measurement of the impedance. In this case 
EDM craters are expected. In experiment #E2, the bear-
ing is loaded permanently with a constant DC volt- age. 
The aim here is to compare the results with respect to the 
signal shape for otherwise identical operating condi-
tions. In this particular case, flutings are created. 

 
Experiment #E3 is intended to investigate the influ- ence 
of an increased temperature - and therefore of a thinner 
lubricant film - under electrical load. 
The fundamental question behind this series of exper- 
iments is whether it is possible to give systematic di- ag-
noses of surface damages through indication of the bear-
ing impedance, and whether this can be achieved with a 
newly developed test rig which is introduced in the next 
chapter. 

2.1. E-Lub Tester 
Test bench description 
Based on the device for extended lubricant analysis 
(GESA) designed during the FVA 650 II project [BW20], 
the E-Lub Tester was developed. This is a test adapter for 
the four-ball tester (FBT) which makes it possible to de-
fine mechanical boundary conditions for the rolling 
bearing system while applying an electrical load and 
monitoring the electrical properties of this system. The 
FBT is used to define the speed and axial force while the 
E-Lub Tester has a temperature control circuit with a 
heated and refrigerated circulator which allows to main-
tain a constant temperature during the variation of the 
boundary conditions. Furthermore, it is possible to de-
fine electrical boundary conditions, such as the applied 
voltage and the switching fre- quency, for the test de-
vice. This will lead to EDM events at which breakdown 
currents flow that are harmful to both bearing and bear-
ing lubricant. Fluting is a typical form of damage that 
results from the elec- tromechanical stress on axial bear-
ings used in many electric drive applications. 
 
For the presented experiments, an E-Lub Tester is 
equipped with an SKF 51208 axial bearing. By means of 
a special centering pin and a driving shaft (Figure 3) the 
test cell is fitted into the FBT. Thanks to the two- piece 
design of the cell housing, the test bearings can be 
swapped easily. To protect the operator from the ro- tat-
ing parts of the measuring unit, a contact protection is 
mounted on top of the test cell. 
The hoses for temperature control are integrated in the 
test cell handle to minimize the risk of burns and leak- 
age. The temperature of the bearing lubricant can then 
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be controlled automatically by the connected circula- 
tor. The E-Lub Tester software offers various prede- 
fined measurement campaigns as well as a freely con- 
figurable analysis mode. A DIN standard for compre- 
hensive testing by means of the E-Lub Tester is cur-
rently being developed. 

 
Figure 3: left: E-Lub Tester (PC not shown), right: Sectional 
view of E-Lub Tester test cell: 1- driving shaft; 2- shaft; 3- test 
bearing; 4- cell housing; 5- main cell body with inte- grated 
cooling ducts; 6- centering pin; 7- sliding contact; 8- sliding 
ring 
 
Mechanical load 
With the now modified FBT a mechanical load of 700 N, 
1,500 N and 2,400 N respectively and a rotational speed 
of 1,000 rpm are applied to the axial bearing. 
Table 1 presents the calculated values of both the Hertz-
ian pressure and the Hertzian contact area on the 

raceway surface for each of the applied mechanical 
loads. In combination with the given speed, tempera- 
ture and type of lubricant used for these specific exper- 
iments the different operating points will represent a 
wide range of lubrication forms, covering relatively 
large lubrication gap heights as well as the mixed fric- 
tion area. 
 
Table 2: Results for Hertzian pressure and area for one ball- 
raceway contact 
 

Load 
[N] 

max. Hertzian 
pressure 
[bar] 

Hertzian area 
[mm²] 

700 8,088 0.0577 
1,500 10,428 0.0959 
2,400 12,197 0.1312 

 
Lubricant 
LUBCON F56 base oil was chosen for all of the exper- 
iments as part of the intended standardization. This fluid 
is already known from FVA 650 II [BW19]. Its relevant 
electrochemical and physical properties were deter-
mined using flucon’s EPSILON+ Dielectricity Meter, 
QVis Viscometer and flucon’s high-pressure fluid labor-
atory. 

 

Table 3: Properties of LUBCON F56 base oil 
  40°C 60°C 80°C 
kinematic viscosity ν [mm²/s] 130.4 47.5 21.95 
dynamic viscosity η [mPas] @ 1,000 barg 903.39 242.52 87.76 
 η [mPas] @ 2,000 barg 5.78E+03 1.09E+03 3.11E+02 
 η [mPas] @ 8,000 barg N/A 1.22E+07 4.02E+05 
 η [mPas] @ 10,000 barg N/A 6.33E+08 6.27E+06 
 η [mPas] @ 12,000 barg N/A N/A 1.41E+08 
pressure viscosity coefficient α_p [1/bar] @ 2,000 barg 0.0019326 0.0016024 0.0013784 
specific electrical conductivity κ [nS/m] @ 0 barg 0.101 0.400 1.214 
relative permittivity εr @ 0 barg 2.277 2.249 2.222 
dielectric dissipation factor tan δ @ 0 barg 0.016 0.064 0.196 

 
 

2.2. Electrical system 

 
The E-Lub Tester mainly consists of a control cabinet 
and a test cell (Figure 4) which includes the test bear- 
ing and which is mounted into the four-ball tester. An 
additional software for Windows PCs is available as a 
user interface. The test cell is connected to the control 
cabinet by means of three individual sensor cables (con-
necting the housing shell, shaft shell and PT100 temper-
ature sensor). At the Institute of Machine Ele- ments, 
Gears and Transmission (MEGT) of the Tech- nical 
University of Kaiserslautern a series of synthetic 

frequency converters was developed and well-tried in 
the context of the research project FVA 650 I [GS21]. 
Based on the method used here the E-Lub Tester in- 
cludes an arbitrary waveform generator (AWG) capa- 
ble of generating different waveforms with individual 
switching frequencies (up to 500 kHz). For our exper- 
iments we chose a switching frequency of 10 kHz. The 
maximum electrical load is 40 V peak to peak (pk to pk). 
The measurement of both impedance and parasitic bear-
ing currents is performed automatically. Before each test 
the operator sets the desired load and speed by means of 
the four-ball tester, which are then also defined as pa-
rameters in the software. 
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Figure 4: Components and workflow of the E-Lub Tester: 1- operator; 2- PC with E-Lub Tester software (Windows); 3- FBT Hansa 
VKA-110; 4- E-Lub Tester control cabinet; 5- E-Lub Tester test cell (FBT adapter); 6- circulator 
 
 

Impedance measurement 
Each lubricant has a specific electrical conductivity and 
a permittivity. Both are temperature-dependent values 
that can be calculated by determining the com- plex im-
pedance of the medium. The equivalent circuit diagram 
shows an ohmic resistor and a capacitance, which are 
connected in parallel (Figure 5). 
 

Figure 5: Circuit diagram of a radial bearing (left) and 
thrust bearing (right) 
 
For our circuit the following equations were used for the 
resistance and the capacitance: 
 

𝐶𝐶 ~ 𝜀𝜀0 ∗ 𝜀𝜀𝑟𝑟 ∗ 𝐴𝐴𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻⁄ℎ0 (Eq. 1) 
𝑅𝑅 ~ 1/𝜅𝜅 ∗ ℎ0⁄𝐴𝐴𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻 (Eq. 2) 

 
The impedance is measured by applying an AC volt- 
age. In the process the current is measured according to 
magnitude and phase. 
Therefore, the impedance can be described as: 
 

1/𝑍𝑍 = 1/𝑅𝑅 + 𝑗𝑗 ∗ 𝜔𝜔 ∗ 𝐶𝐶 (Eq.3) 
 
For the measurement of the permittivity, the imaginary 
part is decisive. It is therefore favorable to choose a high 
frequency. For the measurement of the specific 

electrical conductivity, on the other hand, a low fre- 
quency is favorable because the imaginary part be- 
comes small and thus the decisive real part predomi- 
nates. 
This of course applies to a fixed geometry, or to a de- 
fined operating condition, once that is constant. In the 
rolling bearing the relevant geometries (contact sur- face 
area and gap height) can vary greatly due to the wide 
range of applications. The test cell of the E-Lub Tester 
was therefore designed in such a way that the real-life 
operating range can be represented by varia- tion of the 
(bearing and lubricant) temperature, force and speed. 
All of these parameters affect the lubricant film. This in 
turn influences the ohmic and capacitive behavior, 
which is shown in Figure 6. 
 

Figure 6: Change of bearing impedance 
 
 

3. Results and discussion 
Based on the presented test rig and measuring proce- 
dure, the results of the experiments are presented and 
discussed below. 
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3.1. Surface mutations 
As a result of the mechanical and electrical loads ap- 
plied to the test bearing, changes in its raceways occur. A 
confocal microscope is used for the three-dimen- sional 
measurement of the surface roughness of the bearing 
raceway. As shown in Figure 7, these meas- urements 
can be visualized through different tech- niques. Thus, 
the cumulative frequency functions of the profile heights 
(also referred to as the Abbott-Fire- stone curve [AF33]) 
are shown here. Furthermore, contour plots also visualize 
the individual surfaces. For the sake of comparability, the 
Abbott Firestone curves of the experiments #E1, #E2 and 
#E3 are shown for the fixed and for the rotating ring re-
spectively. Through additional investigation of the mi-
croscopic pictures of the surface topography it can be 
found that c) #E2- 

fixed, d) #E2-rotating and f) #E3-rotating show stronger 
raceway surface mutations compared to the electrically 
less loaded experiment #E1. For #E1 there is only a mi-
nor change in the bearing raceway with in- dividual 
EDM craters on the fixed ring. The rotating ring of this 
test shows no abnormalities. In contrast, experiment #E2 
creates a pronounced fluted structure on the fixed ring 
with a maximum ripple depth of ap- proximately 2,0 µm. 
On the rotating ring, individual craters and a strongly 
smoothed raceway are visible. In experiment #E3, a pro-
nounced smoothing of the race- way occurs on the fixed 
ring. In consequence, the sur- face machining traces 
found for a) #E1-fixed are no longer present. 

 
 

 
Figure 7: Visualization of the experimentally generated surface mutations with Abbott Firestone curves and contour plots. The sur-
face measurements were taken from the middle of the raceway 
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3.2. Impedance change due to surface mutation 
It can be found that while the microscopic analysis for 
#E1 shows only minor damages in the raceway sur- 
faces of both rotating and fixed shells, there are signif- 
icant deviations in the measured impedance before and 
after the experiment (Figure 8). 

For instance, for #E1 at 40°C one can’t observe a sig- 
nificant change in resistance when comparing the im- 
pedance before and after application of the electrical 
load. While at the beginning there is pure capacitive dis-
sipation, due to the gradual surface damage, the bearing 
impedance changes to the extent that there is now an in-
creased resistance in the system. 

 

 
 
Figure 8: Comparison – Measurement of impedance and phase before (A) and after (B) application of electrical load 
 

The deviation of the impedance then increases signifi- 
cantly with an increasing temperature and thus with a 
decreasing lubrication gap (80°C). Looking at the ad- 
ditional surface data (Figure 7), it becomes obvious that 
even a low running time under electrical load is suffi-
cient to create multiple EDM craters. By adjusting the 
electrical load applied with the E-Lub Tester, it is possi-
ble to measure the equivalent changes in the im- 
pedance, too (Figure 9). 

 

3.3. Impedance change due to electrical current flow 
As a result of the experiments, a further influencing pa-
rameter to the bearing impedance was identified: a sig-
nificant temporary change in the impedance and the 
phase angle occurred right after the application of the 
electrical load was stopped. This phenomenon could be 
identified in all of the experiments. 
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Figure 9: Bearing impedance over experiment running time 
 
The impedance measurement was taken right after the 
electrical load was stopped. For #E1 the impedance was 
measured after the hourly impulse of 60 ms with a delay 
of two minutes. For #E2 the impedance was determined 
every hour. For this measurement the elec- trical load 
was stopped for only two minutes. For #E3 the electrical 
load was interrupted for two minutes as well to measure 
the impedance. 
As the results for #E1 show, the impedance is de- 
creased massively early on in the experiment. This ef- 
fect may be caused by a conductive channel that is be- 
ing built up in the lubrication gaps. As the application of 
the electrical load is continued, the impedance seems to 
return to its original magnitude. 
Compared to #E3, this process happens rather quickly 
with #E1. 
Apparently the observed effect of impedance change in-
duced by parasitic current is a temporary effect and de-
pends on the time of exposure to the electrical load. 
In order to investigate this phenomenon more closely, 
further tests were carried out. Here it was found that at a 
voltage of 30 V pk to pk applied to bearing #E1 for 60 
ms required 30 minutes before the initial impedance 
magnitude before energization was reached again. 
Investigation of this effect of “impedance recovery” was 
carried out analogously on a new bearing (#E4). Since 
there was no surface mutation here, we see a dif- ferent 
impedance response. However, the impedance drift is 
equally pronounced (Figure 10). The first meas- urement 
after the electrical load was applied showed a 

 
significantly lower impedance magnitude than what was 
found in the following minutes; the phase angle also re-
mained at 0° up to a higher frequency before dropping 
into the negative range. With increasing run- ning time 
without further electrical load these values will go back 
to their starting level, as the last two meas- urements 
show for each case. 
The reason for the observed behavior is assumed to be an 
interaction between the current flow and the dielec- tric 
strength of the lubricant. The dielectric strength repre-
sents a critical field strength at which complete potential 
separation is no longer given. In general, the dielectric 
strength of liquid insulating materials de- creases due to 
ionization, i.e. due to freely moving pos- itive and nega-
tive ions, which can occur, for example, due to moisture 
absorption, dissolved gases or lubri- cant contamination 
[Küc09]. The behavior observed in the impedance meas-
urement consequently suggests an interaction between 
free ions of the lubricant and the electric field. One pos-
sible reason could be gas mi- crobubbles, which are pre-
vented from growing into larger bubbles and outgassing. 
Another possibility would be metallic wear particles, 
which are held in suspension by the electric field. In ei-
ther case, dielec- tric strength would be degraded by con-
ductive compo- nents in the lubricant until the recovery 
process is com- pleted. Regardless of the cause of the re-
covery phe- nomenon, it can be seen that stabilization of 
imped- ance magnitude and phase angle must be waited 
for even after electrical load was ceased before imped-
ance measurements are a reliable parameter for the liq-
uid dielectric in the lubrication gap. 
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This is especially true when comparing electrome- chan-
ical tests and solely mechanical tests, since the ef- fect 
does not occur in the latter due to the lack of ener- giza-
tion. 

It has to be said that these results represent a first study 
and therefore there is no claim to completeness yet. This 
will be the subject of further research conducted by flu-
con and MEGT. 

 
 

 
 

Figure 10: Bearing impedance recovery 
 

4. Conclusions 
The aim of this investigation was to test a measuring 
system that enables the setting of electromechanical op-
erating points and the simultaneous measurement of the 
bearing impedance. Furthermore, the relationship be-
tween the impedance and the surface damage of the 
bearing raceways caused by parasitic currents was an- 
alyzed. 
For this purpose, the bearing raceways were first pre- 
damaged in different ways by means of an electrical 
load. This resulted in the test bearings of #E1 to #E3, 
which were further analyzed by means of impedance 
measurement. The results from these investigations 
were then compared to the impedance of a solely me- 
chanically loaded test bearing. This was done at three 
different mechanical operating points. In order to clas- 
sify the surface mutations, they were measured and de- 
scribed using common methods. 
In addition to comparing the change in impedance 
caused by mutations of bearing raceway surfaces, the 
change in impedance over time as a result of a perma- 
nent electrical load was investigated. 

 
In summary, it can be seen that the electrically induced 
mutations also show up in the impedance measure- 
ment. The current flow through the lubricant results in a 
decrease of the impedance value as well as a shift of the 
phase angle towards 0°. This shift depends on the degree 
of surface change and the tribological condition of the 
rolling contact. In full lubrication the effect is rather 
small, whereas in mixed friction there is a more pro-
nounced discrepancy of the impedance due to the sur-
face change (compare to fig. 8). 
In conclusion it can be said that through the tests #E1 to 
#E3 the bearing raceways were damaged in different 
ways and that the gradual modification of both the bear-
ing components and the bearing lubricant can be tracked 
by means of impedance measurement. The bearing im-
pedance very much correlates with the sur- face condi-
tion of the bearing raceway. Thus, flucon‘s E-Lub Tester 
is able to monitor and evaluate the per- formance of a 
lubricant that is exposed to various elec- tromechanical 
boundary conditions. 
In addition to these investigations, it was found that 
there are temporary changes in impedance as a result of 
the electrical load (compare to Fig. 10). The gradual re-
turn to the initial magnitude is further referred to as im-
pedance recovery. The effect of the temporary change 
in impedance as a result of parasitic current 
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flow through the tribological contact described here 
needs to be investigated more closely to clarify its 
causes. Clearly, the consequence of such an effect is that 
for the monitoring of endurance tests under com- bined 
electrical and mechanical load, changes in im- pedance 
can no longer be clearly attributed to only sur- face 
changes or electrical aging of the dielectric. Therefore, 
it is necessary to analyze the temporal con- text of each 
measurement. Furthermore, it must be checked if an ac-
tual impedance measurement triggers this effect and 
whether there is a possible mutual influ- ence. 
The E-Lub Tester is currently being further-developed to 
determine the lubrication gap height on the basis of the 
impedance. Furthermore, an evaluation of the dif- ferent 
types of parasitic currents is in progress, so that an elec-
tromechanical characterization can be carried out for 
any type of lubricant. 
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Abstract– The combination of a rotational rheometer and an impedance spectrometer opens new possibilities for 
investigating lubricating greases and their base oils. Dielectric properties can be examined under a variety of shear 
stresses and temperature range. Measurands such as impedance, conductivity and dielectric constant or permittivity 
can be determined and provide additional information for the design of grease-lubricated tribological systems 
when an electrical field is present at the same time.  
Keywords– Lubricating greases, dielectric rheology, impedance, permittivity 
                        
 

1. Introduction 
The increased electrification of automobile drivetrains 
makes it necessary to better understand the electro-
physical and -chemical properties of lubricants. Re-
search projects such as FVA 650 I and II have already 
intensely investigated the influence of grease lubrica-
tion on the endurance of rolling bearings under electri-
cal influence. In these projects the electrical conduc-
tivity, as well as impedance and permittivity of 
greases, was identified as an important parameter [1; 
2; 3; 4]. Recommendations have been made on how 
these properties can be investigated, not just with spe-
cialty rolling bearing test rigs, but also with compara-
tively simple laboratory methods. In this case, a cylin-
der capacitor was employed to investigate grease as a 
dielectric. A corresponding standard method is being 
developed through the activities of the DIN committee 
NA 062-06-53 AA (project M DIN 51111).  

Figure 1: Setup of the DRD measurement system: elec-
trifiable plate/plate measurement geometrya) and im-
pedance spectrometer  
(a) Copyright by Anton Paar Germany GmbH, repro-
duced by kind permission of Anton Paar Germany 
GmbH) 
 
In addition, the dielectro-rheological device (DRD) of-
fers another possibility for the investigation of lubri-
cants, in particular greases. The DRD combines the 
measurement setup of a conventional rotational and 

oscillating rheometer with that of an impedance spec-
trometer and allows one to simultaneously collect rhe-
ological and dielectric measurement data. Therefore, 
greases can be characterized both with and without 
shearing in an electric field. Using the example of var-
ious oils and greases (model and fully formulated), ex-
perimental possibilities of the DRD are described. Par-
tial comparison tests with conductive rolling bearings 
in the GESA test setup from FVA 650 II were also con-
ductive to check validity of the methodology. These 
were limited primarily to impedance measurements, 
even though measurement of electrical conductivity 
and capacity is possible. 
 
2. Experimental 
A plate/plate measurement geometry (PP25) for the 
rheometer was employed in combination with an im-
pedance spectrometer (LCR meter) for this DRD setup 

(see figure 1). An electric potential is applied across a 
sliding contact on the shaft of the rotating plate as well 
as on the lower measurement plate to the lubricant be-
ing measured. AC and DC measurements can be done 
in a frequency range of 20Hz to 2MHz on current and 
voltage as well as phase angle. Measurements are pos-
sible in a temperature range of -40 to 200°C with var-
iable shear stress. In addition to the DC resistance, 
measurement of the impedance |Ẕ| (AC resistance) is 
possible due to the simultaneous measurement of the 
phase shift between current and voltage.  
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Most lubricating oils and greases yield a purely dipolar 
behaviour, i.e. show no ohmic conductivity. Therefore, 
they can be described in an AC circuit due to their 
purely capacitive conductivity as a simple capacitor: 
 
   |Ẕ| =  1

𝜔𝜔𝜔𝜔
= 1

2𝜋𝜋𝜋𝜋𝜀𝜀𝑟𝑟𝐶𝐶0
           𝜑𝜑 = −90° (Eq. 1) 

 
 
 
 
With a double logarithmic plot (Bode representation) 
of the impedance |Ẕ| over the frequency f, a straight 
line is yielded. In the case of |Ẕ| vs. 1/f vs. a straight 
line is also yielded, the slope of which can be used to 
determine the relative permittivity (dielectricity) εr 
(see figure 2). 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 2: Impedance plots of a mineral oil (DRD with-
out shearing, PP25 – 0,5mm, 1V AC, 25°C) 
Some lubricants display ohmic conductivity via addi-
tional charge carrying (eg. via ionic components). One 
can describe this using an equivalent parallel circuit di-
agram of ohmic resistance and of the respective capac-
itor. 
 

1
|Ẕ|2 =  

1

� 1
𝜔𝜔𝜔𝜔�

2 +
1

𝑅𝑅2 = (2𝜋𝜋𝜋𝜋𝜀𝜀𝑟𝑟𝐶𝐶0)2𝑣𝑣 +
1

𝑅𝑅2 

 
 𝜑𝜑 = −90 𝑏𝑏𝑏𝑏𝑏𝑏 0°                   (Eq. 2) 
 
 
 
Using the form of 1/Z2 vs. f2, a straight-line result, 
from whose slope one can also determine εr (see figure 
3). Additionally, the ohmic resistance R can be deter-
mined, either in relation to the Y-component of the line 

or over the impedance at phase angle = 0. At that point, 
Z ≈ R. With respect to Z = R+iX, R is the real element 
(effective resistance) and X the reactance (capaci-
tance). 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 3: Impedance curves and phase angle of a pol-
yglycol, (without shearing, PP25 - 0,5mm, 1V AC, 
25°C) 
 
3. Results and discussion 
Similar to the case of oils, one can differentiate be-
tween capacitive and ohmic behaviour of greases. The 
measurement examples below show in the case of 
round robin test greases from DIN 51111 the differ-
ence between a non-conductive grease (F56) and a 
conductive polyglycol-grease (F55). Precision was 
verified at 3 different temperatures and comparative 
tests between laboratories at Robert Bosch and Fuchs 
Lubricants Germany, with comparison of impedance 
|Ẕ| and phase angle 𝜑𝜑 (see figure 4). 

𝜀𝜀𝑟𝑟  = 2,37 

𝜀𝜀𝑟𝑟 = 7,80 
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Figure 4: Impedance and phase angle curves of two 
laboratories (without shearing, PP25 - 0,1mm, 1V AC, 
25 / 50 / 100°C); F55: Li-grease/mineral oil / F56: Li-
complex grease/Polyglycol (Copyright by Lehrstuhl 
für Maschinenelemente, Getriebe und Tribologie 
(MEGT), University Kaiserslautern, reproduced by 
kind permission of Lehrstuhl für Maschinenelemente, 
Getriebe und Tribologie (MEGT)) 
 
The curves in figure 4 show that good to very good 
repeatability/comparability can be achieved with the 
DRD in two different laboratories with respect to the 
impedance and phase angle over a wide temperature 
range. This may be due to the fact that it is possible to 
control temperature to a fine degree with modern rota-
tional rheometers, and in contrast to cylindrical capac-
itors, it is possible to eliminate virtually any air inclu-
sions (see M DIN 51111). Only in the case of F55 
Fuchs 100°C #2 was there a slight deviation in the 
phase angle at higher frequency, which may be due to 
inductive effects or feedback in the measurement sys-
tem. In additional experiments, rotational tests at vari-
ous temperatures were conducted to investigate the im-
pedance behaviour of two greases, one with a powder 

additive (soot) and the other with ionic liquid (see fig-
ure 5). In the upper part of figure 5, measured shear 
viscosities are given at approximate shear rates of 100, 
200 and 400s-1, determined over a period of 1 minute  
and temperature of 50°C. In contrast to usual measure-
ment practices, eg. acc. to DIN 51810-1, only a planar 
measurement plate can be used, not conic or curved.  
The shear rate can only be assumed to be an averaged 
value because the shear gradient is not constant over 
the entire span of the 25mm wide gap. Therefore, re-
sults are with respect to the maximum shear rate, 
which occurs at the very edge of the plate. As ex-
pected, both greases show structurally viscous behav-
iour at first, i.e. the viscosity decreases with increasing 
shear rate.  
In the bottom diagrams, the impedance is given over 
the same test period at different shear rates. It is imme-
diately recognizable that the levels of the measured im-
pedances differ substantially. The grease with soot 
shows significantly higher conductivity, with an im-
pedance that is less than that of the grease with ionic  
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Figure 5: Impedance in dependence on shear rate (PP25 - 0,1mm, 1V AC, 50°C) 
 
liquid by a factor of 20. Furthermore, approximately 
the same proportional deviation is observed for imped-
ances over the range of 0 to 400s-1. This fluctuates in 
both cases by about 5% from 335 to 365Ohm in the 
grease with soot and 7500 to 7800Ohm in the grease 
with ionic liquid. An impedance maximum that is de-
pendent on shear rate is also observed.  
This occurs at 100s-1 for the grease with soot and 
400s-1 for the grease with ionic liquid 
Figure 6 shows an additional experimental possibility 
of the DRD: the time-dependent behaviour of imped-
ance at a temperature of 80°C is presented. In an en-
durance test up to 960 minutes (16 hours), it was ob-
served that the grease with ionic liquid yielded an even 
greater impedance, i.e. reduction of conductivity.  

Figure 6: Dependence of the impedance on the tem-
pering time in a grease with ionic liquid (Shear rate 50 
s-1, PP25 - 0,1mm, 1V AC, 80°C)   
 

 
One disadvantage of the DRD setup is that the plate 
gap of 0.1mm should not be reduced in order to avoid 
a short circuiting and to be able to maintain defined 
test parameters. Therefore, electrical behaviour of lub-
ricants can only be observed in comparatively large 
lubricant films. As a result of these contact conditions, 
the influence of very thin lubricant films or tribofilms 
cannot be directly represented by this measurement 
system. Therefore, DRD impedance curves of oils and 
greases were compared to those from the GESA rolling 
bearing test setup at MEGT / University of Kaiserslau-
tern (axial deep groove ball bearing 51208). An exten-
sive description of the GESA rolling bearing test setup 
is given in the final report of FVA 650 II [2]. In figure 
7, the most notable differences between the experi-
mental setups of DRD and GESA are described. Sub-
sequently, figures 8 to 10 describe experiments on var-
ious lubricating oils and greases with these test rigs. 
All DRD tests were carried out at 40°C, while GESA 
tests could only be controlled within a range of 38 to 
47°C (steady state temperature in the bearing). 
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Figure 7: Comparison of DRD and GESA test parameters (b) Copyright by Lehrstuhl für Maschinenelemente, 
Getriebe und Tribologie (MEGT), University Kaiserslautern, reproduced by kind permission of Lehrstuhl für Mas-
chinenelemente, Getriebe und Tribologie (MEGT)

 
Figure 8: Comparison of the DRD (without shearing) 
and GESA impedance curves from two ester-based lu-
bricating grease base oils with and without ionic liquid 
(IL) 
Figure 8 describes the comparison between an ester-
based grease base oil with and without ionic liquid 
(IL), both with the same additive formulations. In the 
DRD, only the fluid with IL showed a clear ohmic be-
haviour, while both showed this in the rolling bearing 
test at low frequencies, even when the impedance of 
the oil with IL was approximately 100000Ohm lower 
than the comparative oil without IL. 
 
In figure 9, a comparison of DRD and GESA using 
easter-based polyurea greases (PU) is given in the form 

as they are implemented in electric motors. For these 
experiments, greases 1 and 2 have the same ester, ad-
ditives and in the case of grease 2, same IL as in the 
previously described experiments from figure 7.  
 

Figure 9: Comparison of DRD (without shearing) and 
GESA impedance curves from ester-based lubricating 
polyurea greases with 2 different ionic liquids and 
without ionic liquid. 
 
Grease 3 is similar to grease 2 but contains a better, 
more conductive IL. Initially, DRD tests yielded im-
pedances that could be very easily differentiated. How-
ever, in the GESA tests, only small differences were 
observed between greases 1 and 2, and a conductivity-



Litters et al. - Bearing World Journal Vol. 7 (2022) page 32 – page 38 

37 

inducing effect of the IL was not observed in grease 2. 
In contrast, grease 3 showed a significantly lower im-
pedance in the GESA test on the level observed in 
DRD testing. 
In figure 10, additional DRD and GESA grease com-
parisons are given using PAO-based PU-greases. In 
the previous greases, ohmic partitions could be ob-
served due to the polar character of the base oils and 
possibly residual moisture. The PAO-based greases, 
however, showed a purely capacitive behaviour. This 
was not the case in the GESA tests, which indicates 
that in contrast to the “thick lubricating films” in the 
DRD, other effects can occur in the rolling bearing. 
Not only could the conductivity of the triboreactive 
film play a significant role, but also how well the 
grease yields oil from its matrix and the distribution 
thereof in the raceway of the bearing. Temporary defi-
cient lubrication could lead to an interruption of the lu-
bricating film and solid-solid contact could occur, 
which could lead to partial occurrence of electrical 
short circuiting. This may explain the comparatively 
erratic GESA impedance curves for the PAO-based 
greases, as observed in figure 10. 
 

Figure 10:  Comparison of the DRD (without shear-
ing) and GESA impedance curves for different PAO-
based greases 
 
4. Conclusion 
Similar to the case of oils, one can differentiate be-
tween The DRD offers researchers and developers of 
lubricating greases a multi-faceted measurement sys-
tem that can be used to investigate the dielectric prop-

erties of lubricating oils and greases over a large tem-
perature range. Moreover, this can be investigated at 
defined shear stresses or shear rates, or under time-de-
pendent constraints, and deliver new findings on the 
effectiveness of conductivity-improving additives. A 
particular advantage in the testing of greases is that the 
plate geometry is very good at eliminating air inclu-
sions in the measurement gap, and that the gap itself 
can be defined and tempered very precisely. This re-
sults in very reproducible and comparable measure-
ment results. It would, therefore, be prudent to con-
sider this measurement method for the development 
and quality control of lubricants as part of a wider 
standard, also because many lubricant manufacturers 
already work with modern rotational rheometers that 
could very easily be modified with the DRD setup. 
Due to the small sample requirement of approx. 0.5g, 
it is also possible to measure the electrical properties 
of many used lubricant samples that may be difficult 
to come by in great quantities in the field. This may 
help to draw conclusions on the operational behaviour 
of lubricants in electric motors or generators. 
 
One disadvantage of the DRD is that a minimum plate 
gap of 0.1mm is required, which is a comparatively 
thick lubricant film. This makes it difficult to draw 
comparisons to electrical behaviour that is influence 
by reactive tribofilms from the lubricant chemistry. 
Such investigations can only be conducted in other tri-
bometers or rolling bearing test rigs that allow for elec-
trifiable rig components. 
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Abstract–  Wind gearbox manufacturers are maximising the torque density of new multi-megawatt gearboxes to 
support the wind industry to reduce the cost of energy. This requires for component suppliers, such as the bearing 
manufacturers, new solutions to allow the downsizing of the gearbox design. SKF, therefore, has developed the 
SKF DuraPro for wind turbine gearboxes in which a tailored steel and heat treatment is adopted resulting in a 
significant surface and subsurface life increase. The tailored steel and heat treatment results in a fine microstruc-
ture, increased surface hardness, tailored retained austenite level and compressive residual stresses. These add a 
higher strength to the material at the very surface to withstand marginal lubrication conditions or particle contam-
inations and also increase the subsurface fatigue strength. The generalized bearing life model (GBLM) developed 
before and up to now only applied to hybrid bearings is further developed to be applied in the calculation of the 
rating life of the new designed bearings due to its capability to separate surface and subsurface survival. Hence 
capable of capturing the added benefits to this bearing design, meant to survive successfully the tougher operating 
conditions in gearboxes of wind turbines. The GBLM life predictions are validated by comparison with the bearing 
endurance testing. 
Keywords – Wind turbine gearbox, SKF DuraPro for wind turbine gearboxes, Bearing life, GBLM 
                        

1. Introduction 
Wind power generation, which converts the wind’s ki-
netic energy into electricity without causing serious 
environmental damage, is regarded as one of the most 
promising distributed energy sources. To stay compet-
itive both onshore and offshore with traditional energy 
sources and other renewable energy such as solar PV 
systems, it is necessary to further reduce the Levelized 
Cost of Energy (LCoE) of wind turbines. The continu-
ous market pressure on LCoE results in new design 
concepts at the wind turbine level and the design of the 
main components, such as gearboxes. Increasing gear-
box torque density to 200 Nm/kg and beyond is re-
quired to limit the weight uptower and limit the size of 
the largest components for transportation. All compo-
nents, including roller bearings, are therefore pushed 
to the limits and new solutions are required to further 
downsize without jeopardizing the field performance. 
 
State-of-the-art gearboxes for larger wind turbines are 
designed with 3 or more planetary stages. Planetary 
stages are equipped with multiple planets to limit the 
size of ring gear as it influences the overall size and 
weight of the gearbox. These new design trends result 
in a significant reduction in gearbox size. However, it 
also results in smaller planetary gears and less space 
for the bearing supporting the planets. Therefore, new 
rolling bearing solutions are needed, capable of taking 
higher loads and contact pressures to support the 

downsizing and torque density increase. Another im-
portant driver to develop new roller bearing solutions 
for wind turbine gearboxes is the reliability in the field 
and robustness against typical failure modes in the 
field such as premature failures with White Etching 
Cracks [1] or micro pitting and wear [2], which are rel-
evant to increasing the reliability of new gearbox de-
signs as well as improving the robustness of turbines 
in the field. 
 
To satisfy the requirement of the new wind turbine 
gearbox design, SKF has therefore developed the SKF 
DuraPro for wind turbine gearboxes resulting in a sig-
nificant surface and subsurface life increase. A tailored 
steel and heat treatment is adopted in the design of the 
new gearbox bearings. The tailored steel and heat treat-
ment results for example in a fine microstructure, in-
creased surface hardness, tailored retained austenite 
level and compressive residual stresses which add a 
higher strength to the material, at the surface and be-
low where the highest stresses are present, to withstand 
marginal lubrication conditions or indentations and to 
achieve a subsurface fatigue strength increase. At pre-
sent time only one bearing life model (GBLM) [3] is 
known to be flexible enough to separate surface and 
subsurface survival. Thus, it can capture the added 
benefits to this bearing design, to survive successfully 
the tougher operating conditions in gearboxes of wind 
turbines. Therefore, the generalized bearing life model 
(GBLM) is now adapted and applied in the calculation 
of the rating life of the SKF DuraPro gearbox bearings. 
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In this paper, the proposed solution (SKF DuraPro for 
wind turbine gearboxes) will be briefly described. 
Then a short summary of the GBLM bearing life 
method will be discussed. The validation of the model 
requires endurance testing, thus the performed tests 
will be also described alongside the model predictions. 
  

2. The SKF DuraPro for Wind Turbine Gear-
boxes 
The performance of a rolling bearing is, besides the de-
sign and required tolerances, dependent on material 
parameters such as microstructure, residual stress and 
hardness. In turn, the selection of steel alloy and heat 
treatment process is heavily affecting all these param-
eters. SKF has developed a special steel and heat treat-
ment process to meet the increased demands of rolling 
bearings in wind turbine gearboxes. 
 
The material of the SKF DuraPro gearbox bearings is 
based on a selected carburising steel grade specified in 
ISO 683-17 in combination with a thermochemical 
heat treatment process enriching the surface layer of 
the bearing components. The enhancement of the sur-
face layer leads to a refined microstructure, character-
ized by tiny precipitates and a carefully controlled 
amount of stable retained austenite. These attributes 
are widely acknowledged for their beneficial impact 
on the fatigue endurance of bearing steel, encompass-
ing resistance against failure originating from the sur-
face as well as its subsequent propagation. The surface 
enrichment additionally induces significant compres-
sive stresses within the surface layer and a higher sur-
face hardness compared to the bearings currently em-
ployed in wind turbine gearboxes. This further en-
hances the resistance of the SKF DuraPro gearbox 
bearings to fatigue caused by rolling contact. Moreo-
ver, the combination of increased hardness, compres-
sive residual stresses, fine microstructure increases the 
robustness against premature failures as seen in wind 
turbine gearboxes. 
 
Figure 1 shows the hardness profile of the SKF Du-
raPro gearbox bearings. After the special heat treat-
ment, the hardness in the surface layer is improved sig-
nificantly and it decreases to the hardness of the base 
material into the depth. 
 

 
Figure 1: Change of the hardness of the studied 
bearing from raceway to subsurface, the black 
points on the left are the location of hardness meas-
urement  

 
 

3. Generalized Bearing Life Model (GBLM) 
As discussed, the new steel and heat treatment technol-
ogy improves the bearings‘ surface and subsurface fa-
tigue simultaneously. To describe their contribution to 
the enhancement of bearing life, the GBLM model 
which can consider the surface and subsurface fatigue 
separately is adopted to predict such bearing life. Up 
to now the estimation of rolling bearing life has been 
based on engineering models that consider equivalent 
stress, originating beneath the contact surface which is 
applied to the stressed volume of the rolling contact. 
The surface-initiated failures, resulting from contami-
nation or poor lubrication, have been included in the 
bearing life estimation by applying a penalty factor to 
the overall equivalent stress of the rolling contact [4]. 
In the GBLM, however, this issue is addressed in a 
general approach in which the surface-originated dam-
ages are explicitly formulated into the basic fatigue 
equations of rolling contact. Depending on the work-
ing conditions and surface damage modes, different 
physical surface damage models can be integrated into 
the bearing life formulation. This new formulation 
gives the power to better represent the tribology of roll-
ing bearings in rating life calculations. Besides, it also 
gives a better knowledge of the surface endurance that 
dominates the field performance of rolling bearings. 
The schematic view of the GBLM idea is represented 
in Fig. 2. 
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Figure 2: Separation of surface and subsurface as 
proposed by the GBLM 

 
The Generalized Bearing Life Model (GBLM) was 
first communicated to the public in a scientific paper 
where the fundamental theory is described [3]. Later 
the model was applied to hybrid bearings in [5]. From 
[3] the basic bearing GBLM life equation in its integral 
form and with a general stress criterion 𝜎𝜎 is: 
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(1) 
 

 
where 𝐿𝐿10 is bearing life rating with 90% reliability, 𝑢𝑢 
is the number of stress cycles per revolution, 𝐴̅𝐴 and 𝐵𝐵�  
are damage integral constant for the volume and the 
surface, 𝑉𝑉𝑣𝑣  and 𝐴𝐴 are the integration volume and sur-
face integration area, 𝜎𝜎𝑣𝑣 and 𝜎𝜎𝑠𝑠 are the fatigue gener-
ating stress in the volume and on the surface, 𝜎𝜎𝑢𝑢.𝑣𝑣 and 
𝜎𝜎𝑢𝑢.𝑠𝑠 are the fatigue limit in the calculation of subsur-
face and surface life. 
 
As shown in equation (1), the subsurface rolling con-
tact fatigue is treated following the classic model of 
Ioannides and Harris [6], the surface damage function 
can be obtained [7] and the surface fatigue can be in-
cluded in the integral form, as shown in equation (1). 
But also in a fast calculation manner using curve-fitted 
function as described in [3, 5] for which the constants 
𝑐𝑐1 … . 𝑐𝑐5   (equation (2)) of this integral depend on the 
load and the environmental factor 𝜂𝜂𝑒𝑒𝑒𝑒𝑒𝑒 = 𝜂𝜂𝑙𝑙𝑙𝑙𝑙𝑙𝜂𝜂𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐, 
with 0 ≤ 𝜂𝜂𝑒𝑒𝑒𝑒𝑒𝑒 ≤ 1. For which 0 means very poor lu-
brication and contamination conditions and 1 means 
good lubrication quality and clean conditions. As indi-
cated in the schematic Fig. 3. 

 

Figure 3: Normalized index of surface stress for 
surface performance, derived from equation (2) 
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The treatment of the surface life needs advanced tribo-
logical models [8] to assess the surface integral and de-
rive the missing constants, in which the physical inter-
actions that occur in Hertzian contacts, such as friction, 
wear, fatigue, lubrication and running-in can be ad-
dressed. Therefore, the tailored steel and heat treat-
ment which modifies the performance of the SKF Du-
raPro for wind gearboxes can be reflected in the bear-
ing life predictions. Furthermore, when needed, the 
surface and subsurface parameters are adjusted via re-
sults from endurance testing. Another advantage of 
separating surface from subsurface is that it is possible 
to compare the damage integrals, producing a measure 
of the stress on the surface in comparison with the sub-
surface [3]. A new parameter RSF is defined, as shown 
in Equation (3) shown. 
 
RSF (relative surface fatigue indicator), is a parameter 
that is defined either in the whole contact or using 
slices or lamina. This parameter can vary as 0 ≤
𝑅𝑅𝑅𝑅𝑅𝑅 ≤ 1. When 𝑅𝑅𝑅𝑅𝑅𝑅 → 1 most of the accumulated fa-
tigue is taken by the surface (low environmental fac-
tor). On the contrary, when 𝑅𝑅𝑆𝑆𝑆𝑆 → 0 is the subsurface 
that takes most of the fatigue (high environmental fac-
tor). This factor gives engineers a good indication of 
where to increase or reduce safety. 
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(3) 
 

4. Bearing Life Tests and Model Validation 
The validation of performance factors for the new 
bearing solution requires enough tests to ensure 
enough accuracy. To obtain those data, an endurance 
testing campaign has been executed focusing on both 
surface and subsurface performances. Very high load, 
pre-dented raceway (inner ring), full-film and reduced 
lubrication conditions have been addressed to cover a 
wide range of application conditions. In the surface 
performance tests, all inner rings (IR) of the bearings 
were pre-dented with 8 indents, which are evenly dis-
tributed on the inner ring raceway. In the preparation 
of the dents, a tungsten carbide ball is used as the in-
denter and the same indenter load is applied to all test 
variants. Figure 4 shows a typical dent and a measured 
dent profile. The pre-dents are acting like local stress 
raisers draining away the lubricant from the local con-
tact. As a result, metal-to-metal contact occurs at the 
border of the indents. The corresponding testing pa-
rameters are addressed in Table 1. 
 

 
(a) One pre-dent 

 
(b) Pre-dent profile 

Figure 4: One typical pre-dent on inner ring race-
way (a) and a typical measured pre-dent profile (b) 

Table 1 Testing conditions in terms of load (C/P) and 
lubrication (kappa) conditions 

  Reduced lubrication Full film 
C/P 1.3 1.0 
Kappa 1.7 3.1 
Other Pre-dented raceway  - 

 
The tests have been performed with medium size ta-
pered roller bearings (150 mm bore diameter) as used 
today on the high-speed shaft of wind turbine gear-
boxes of the 2 and 3 MW range to make the endurance 

tests as representative as possible. Two bearing vari-
ants have been tested under the same conditions: the 
baseline is a state-of-the-art high carbon through-hard-
ened bearing, including Explorer [9] features and black 
oxide coating as used today in wind gearboxes. This 
baseline is compared with a variant which has the inner 
ring with the tailored steel and heat treatment of the 
SKF DuraPro for wind turbine gearboxes. This allows 
a fair comparison between them and the possibility to 
provide the customer with a clear picture of the en-
hanced performance provided by the new technique. 
The endurance tests have been performed on self-de-
veloped bearing life test rigs, as shown in Fig. 5. Fig-
ure 6 illustrates the schematic setup of one test head of 
the test rig. There are two test bearings in one test head 
and they are mounted in an X-arrangement, as the red 
line shown in Fig. 6. The axial load can be applied on 
the two bearings by a hydraulic cylinder. The lubricant 
is injected from both sides of the bearings and exits the 
test head between the bearings. During the test, the 
temperature is controlled to achieve a defined lubrica-
tion process. The test rig is shut down when a bearing 
failure is detected by a vibration, friction torque or 
temperature sensor. After the test, the failed bearings 
are inspected carefully. 
 
All endurance testing results have been pooled follow-
ing [10] on a single normalized Weibull chart pre-
sented in Fig. 7. The pooling is done here to improve 
the statistics and the full-film results have been scaled 
down to the reduced lubrication conditions. This figure 
highlights the significant performance increase of the 
new solution versus the existing one with strong statis-
tical significance. In specific, the 𝐿𝐿10 life of the SKF 
DuraPro gearbox bearings is around 4.5 times longer 
than current wind turbine gearbox bearings. Moreover, 
investigation of the failed bearings after the test has 
shown that the failure has moved from the inner ring, 
which failed most in the baseline tests due to the higher 
contact stresses at the position of the pre-dents, to the 
outer ring and rollers in the tests using the improved 
inner ring. The outer ring and rollers in the tests were 
still through hardened high-carbon steels. Figure 8 il-
lustrates some failure examples of the test bearings, 
none of the improved inner rings failed in the tests. 
This indicates that there is even further potential to in-
crease the endurance life by applying this tailored steel 
and heat treatment to all components. The “star” in 
Fig.7 shows the GBLM predicted life of the SKF Du-
raPro gearbox bearings. The model predicted life value 
is close to the lower limit of the confidence interval of 
the 𝐿𝐿10 of the test, indicating the validity and safety of 
the developed calculation [10]. 
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Figure 7: Pooled and normalized test results along-
side the model predictions 

 
To further investigate the performance of the new 
bearing design, parameter studies were conducted us-
ing the developed GBLM model and some results are 
shown in Figure 9. The same bearing adopted in the 
life test was studied here (150 mm bore diameter). Un-
der the two contamination conditions (etaC=0.3 and 

etaC =0.5), the life ratio (the ratio of the GBLM life of 
the new bearing to the life of bearings used today in 
wind turbine gearboxes) is equal to or higher than 4 in 
the whole kappa range. Especially the bearing perfor-
mance is increased more significantly under poor lu-
brication conditions (kappa <1), indicating the tailored 
steel and heat treatment adopted here can improve the 
bearing performance under severe working conditions. 
Besides, the failures should mainly be surface-initiated 
driven (RSF>0.5) under the current working condi-
tions. Furthermore, compared with the relative mild 
contamination condition (etaC =0.5, Fig. 9(a)), more 
surface-initiated failures should appear when etaC is 
reduced to 0.3 since its RSF is higher in the whole 
kappa range (Fig. 9(b)). With the increase of film 
thickness or kappa, the possibility for more subsurface 
fatigue failures to appear increases, as the RSF is re-
duced, see the red curve in Fig. 9. This behaviour is 
reasonable to expect since the higher film thickness de-
creases the stresses at the surface, leading the drop of 
surface-initiated fatigue or damage.  
 

  
(a) Inner ring raceway 
failure (IR 6) 

(b) Inner ring raceway 
failure (IR 9) 

  
(c) Outer ring raceway 
failure (OR 43) 

(d) Rolling element fail-
ure (RE 292) 

Figure 8: Damage examples of the test bearings, (a) 
and (b) are baseline bearing failures, (c) and (d) are 
failures of the standard outer ring and roller in the 
SKF DuraPro gearbox bearings 

 
 
 
 
 

 
Figure 5: The bearing life test rig used in this study 
 
 

 
Figure 6: Schematic setup of the test head 
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(a) etaC=0.5 

 

 
(b) etaC=0.3 

Figure 9: Change of life ratio and RSF with Kappa  
(tapered roller bearings with 150 mm bore diame-
ter, axial load=494 kN) 

5. Conclusions 
In this work the SKF DuraPro for wind turbine gear-
boxes, including a tailored steel and heat treatment, is 
proposed for high torque density wind turbine gear-
boxes. Bearings made with this design have been en-
durance tested alongside state-of-the-art baseline de-
sign. The results show the superior surface and subsur-
face performance of the new bearing design. This im-
provement can better be reflected with the GBLM life 
model which properly separates the surface from the 
subsurface survival. The model has been verified to 
correctly predict the testing results. From this the fol-
lowing conclusions can be drawn: 
 
1. The new bearing design indeed reflects substan-

tially better performance from harsh operating 
conditions as demonstrated by the endurance test 
results. 

2. The SKF GBLM model can capture these added 
benefits in the bearing life prediction with calcu-
lated life that corresponds well with the bearing 
life test data. 

3. The proposed solution package of new bearing de-
sign and calculation method is likely to become an 
answer for the increasing demand in torque den-
sity experienced in modern wind turbine gearbox 
applications. 
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Finite Elements modelling of edge imperfections in ceramic rollers for as-
sessing the risk of fatigue failure 
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Abstract –  To ensure reliability of hybrid cylindrical roller bearings each ceramic roller is optically inspected, and 
scrapped if a surface imperfection above the critical size is detected. By this, the potential root cause of Rolling 
Contact Fatigue (RCF) failure is reduced. The rejection criterion is based on experimental and theoretical 
knowledge, which in the case of edge imperfection (at the roller chamfer) is currently missing. A special type of 
material imperfection,  termed as Missing Material (appearing as result of imperfect sintering and/or surface ma-
chining), is studied in the current work. Based on the optical inspection of scrapped rollers (containing imperfec-
tions of relatively large size at chamfer) the morphology and the range of imperfection dimensions was identified, 
and transferred to Finite Elements model for the stress analysis. The criticality of imperfection was assessed by 
implementing the maximum tensile stress criterion, relating the size and the location of imperfection to the risk of 
RCF. In order to stay “on the safe side”, extreme contact conditions (very high contact load and enormously high 
misalignment) were assumed for the current analysis, and even under these challenging consideration limited risk 
of fatigue failure was predicted.  
 
Keywords – Ceramic rollers, Material imperfections, Rolling contact fatigue, Stress analysis  
                     
 

Introduction 
Hybrid bearings overperform the regular (full steel) 
ones in multiple aspects, thanks to superior properties 
of silicon nitride (Si3N4) – the ceramic material used 
for rolling elements in hybrid bearings. Compared to 
the traditional bearing material – steel, Si3N4 is lighter 
(which is important in aerospace applications), has 
higher hardness (providing high wear resistance) and 
higher stiffness (beneficial in high precision bearings). 
Other properties of Si3N4 [1], like good resistance to 
corrosion, low thermal expansion and high electrical 
insulation make hybrid bearings attractive for many 
demanding applications. Ceramic components are not 
exposed to hydrogen embrittlement, while in steel 
components of bearings (see e.g. [2]) it can be a case. 
Finally, it was found that hybrid bearings perform bet-
ter in contamination conditions [3], compared to the 
full steel bearings.    
Nevertheless, Si3N4 ceramics are still less resistant to 
crack initiation and propagation, compared to steels. 
Pre-existing material imperfections can be present on 
surfaces of ceramic rolling elements, being the result 
of manufacturing (by sintering) and/or surface finish-
ing processes. Since the reliable operation of hybrid 
bearings is strongly linked to the material quality of 
rolling elements, each ball or roller is inspected. This 
inspection aims to reject components, containing rela-
tively large surface imperfections (features) which 
during bearing operation can lead to the progression of 
fatigue damage. Recent experimental and theoretical 
research conducted in SKF aimed to develop engineer-
ing criteria for the acceptance or rejection of imperfect 
rolling elements, based on the size and type of imper-
fection, material characteristics and bearing loading 

conditions. This research covered different types of 
imperfections, varying in terms of their morphology: 
C-cracks [4], Missing Material [5], Star [6], etc.  
 
 
 
 
 
 
 
 
 
 
Figure 1: An example of scrapped roller. 
 
It is important to note, that for ceramic rollers, the sit-
uation is more complex compared to balls, because in 
rollers the imperfection criticality is also dependent on 
its location. The imperfections located on the roller 
raceway are subjected to different loading conditions 
compared to ones at the edge (chamfer) or at the end 
face. Previous research (see [4-6]) was focused on the 
raceway, while less attention was given to the imper-
fections appearing beyond this zone. Nevertheless, the 
inspection criteria for the latter imperfections can be 
rather different than the one needed for the imperfec-
tions on the raceway. 
 
 
 
 

MM at the 
roller chamfer 



Kadin et al. - Bearing World Journal Vol. 7 (2022) page 44 – page 50 

45 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 2: Failure mechanism associated with oil pressuriza-
tion (originally proposed in [5]). Corresponds to the MMs 
located on raceway. 
 
The current study is focused on a specific type of sur-
face feature – the Missing Material (MM), appearing 
on balls and rollers as result of imperfect sintering 
and/or surface machining. This feature can appear ei-
ther on the raceway (of a ceramic ball or roller) or at 
the roller edge, and the example for the MM at the 
chamfer zone is given in Fig. 1 (note, that due to rela-
tively large size of imperfection, this roller was 
scrapped).  The feature termed as MM, was previously 
studied experimentally and by Finite Element (FE) 
modelling [5], assuming that the main failure mecha-
nism associated with MM is the entrapped and pres-
surized oil (see Fig. 2). According to [5], this mecha-
nism is active when MM enters into the contact zone 
and the oil inside the MM gets pressurized. Eventually, 
this leads to tensile stresses around the defect and crack 
initiation. However, when MM is located out of the 
raceway (and is out of the contact) this mechanism can 
hardly be active. Hence it is reasonable to assume, that 
MMs located at the edge zones are less prone to fatigue 
failure. The current study aims to quantify these risks 
by means of FE modelling, which is probably the most 
suitable approach for this problem. Indeed, an experi-
mental study in this case is challenging, because it re-
quires producing artificial features of accurate preas-
signed geometry at the roller edge, assuring roller ori-
entation versus load and controlling accurate bearing 
misalignment. On the other hand FE, allows to simu-
late numerically any contact conditions (accounting 
for the roller geometry and misalignment) and MMs of 
various morphologies. 

Experimental study 
To make FE modelling reasonable the MM dimensions 
(to be used as the input parameters for the model) have 
to be identified. Using stereo microscopy, the mor-
phology of MMs in scrapped rollers was visualized to 
obtain their size and shape. Some images from this in-
spection are presented in Figs. 3 and 4.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 3: Morphology of approximately circular (a) and 
elongated (b) MMs, obtained by stereo microscopy.  
 
 
 
 
 
 
 
 
 
Figure 4: Profilometry for the identification of the MM 
depth. 
 
The dimensions presented on the images of Fig. 3 in-
dicate the length and the width of MM; the MM loca-
tions relative to the end face were also measured. As 
shown in Figs. 3 and 1, the features can reach large size 
(in some cases length exceeds 1 mm), and even though 
the oil pressurization effect is not active, the risk of fa-
tigue failure can be rather high and should be assessed. 
It is believed that as certain “idealization”, an ellipsoi-
dal shape can be assumed for the adequate FE model-
ling of MM geometry. Using white light interferome-
try, the profiles of the features were characterized (see 
Fig. 4), which is needed to identify the MM depth. 

MM 

Roller chamfer 
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Modelling 
The FE modelling in the current work, aims to evaluate 
the stress field in the vicinity of MM and by this to 
assess the risk of Rolling Contact Fatigue (RCF). In 
reality, a cylindrical roller has crowned geometry (see 
Fig. 5), thus the solution of “full” problem (intending 
to get proper numerical solution both at the contact 
zone and in the vicinity of imperfection) can become 
too expensive in terms of computational time.  Hence, 
the contact problem and the stress field analysis 
(within reasonable accuracy) are split from each other, 
and treated separately. The contact pressure is evalu-
ated semi-analytically, and is applied as the stress 
boundary conditions to the FE domain, which models 
the part of the roller containing an imperfection. In or-
der to simulate over-rolling, the statically evaluated 
contact pressure is “animated”. This is done by varying 
the contact zone position relatively to the domain 
origin in the FE pre-processor. It is important to  note, 
that the current approach is based on the two assump-
tions:  
i) The detailed geometry description of contact-

ing bodies and their positioning relative to
each other (radii of curvature, roller geome-
try, misalignment, etc.) are included only in
the contact analysis, while the roller raceway
in the FE model (stress filed analysis) is as-
sumed flat.

ii) The semi-analytical solution of the contact
problem is based on the half-space assump-
tion, meaning that the details at the contact
zone edge (chamfer, imperfection, etc.) have
no influence on the pressure distribution.

Figure 5: Schematic of a ceramic roller of the dimensions 
Dw×L; R defines the chamfer curvature. The smooth transi-
tion (continuous first derivative) from raceway to the cham-
fer is assumed in the current contact pressure analysis. 

The validity of the latter assumption was explored in 
[7], comparing the pressure distributions predicted by 
semi-analytical and FE solution. It should be noted, 
that MM of considerable size can cause some shock 
loads when it enters the contact, however this is out of 
the current work scope.  

Contact pressure evaluation 
The pressure formed at the contact between an inner 
ring and a roller is governed by the crowned geometry 
of the ceramic roller and the ring, which raceway 
length slightly exceeds the roller raceway. The contact 
pressure is evaluated semi-analytically by using the 
Green functions and the conjugate gradient method. 
The Green functions method is used to predict the 
stress and deformation state due to a concentrated 
force acting on an elastic half-space [8]. By integrating 
the Green functions, the surface deformation due to 
any contact pressure distribution can be evaluated, and 
this distribution is predicted by the numerical solution 
of an integral equation. Since the current contact prob-
lem is non-conformal, this integral equation is non-lin-
ear and is solved by using the conjugate gradient 
method [9].  

Figure 6: Schematic of the pressure distribution formed at 
the contact between a bearing ring and a roller, and discre-
tised using the so-called slicing method. Note, that the cur-
rent distribution is not symmetric with respect to the x-coor-
dinate demonstrating the effect of misalignment. 

The semi-analytical tool is developed in MATLAB; 
the solution (or the contact zone) domain was discre-
tised with 85 elements in the y-direction (transverse di-
rection) and with 35 elements in the x-direction (roll-
ing direction). The validity of the current semi-analyt-
ical approach was verified against the so-called slicing 
method, which is implemented in SKF software. Due 
to the slicing method the three-dimensional contact 
problem is reduced to one dimension: the contact pres-
sure distribution is discretised (sliced) along the y-co-
ordinate and at each i-slice the Hertzian pressure dis-
tribution is defined in terms of the maximum contact 
pressure p0

i and the contact zone length, bi (see Fig. 6). 
The comparison between the slicing method and the 
current one is presented in Figs. 7, for a fully aligned 
and a slightly misaligned (0.4 minutes) contacts. As is 
shown in Figs. 7, both methods provide almost the 
same solutions, meaning that the currently imple-
mented one can be safely used for the contact pressure 
analysis. 
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Figure 7: Comparison of the current semi-analytical method 
(for the contact pressure evaluation) with the slicing method 
(implemented in SKF software). The continuous curves cor-
respond to the current solution and the symbols to the solu-
tion by the slicing method; the contact pressure distribution 
without misalignment (a) and with misalignment of 0.4 
minutes (b). 
 

FE modelling of imperfection  
The FE domain containing imperfection is created 
with the technique schematically presented in Fig. 8.  
By using this technique, the geometry of MM can be 
easily modified at the pre-processing stage, which is 
essential for the parametric study aiming to cover wide 
range of imperfection dimensions. A segment of an el-
lipse is revolved around the axis of revolution located 
at the distance s from the ellipse axis, and by this the 
material is “carved” out of the roller chamfer. The long 
axis of the ellipse is constrained to remain tangent to 
the arc of the chamfer, while the revolution axis (of the 
imperfection) can move by varying the distance s. The 
geometrical configuration of MM is defined here by 
the four parameters: the dimensions l, w and d corre-
spond to the MM size, and the angle α to its position 
(the distance r). The MM length, l, is changed by var-
ying the distance s; by varying the angle α the imper-
fection position is changed and can partially protrude 
to the raceway zone (meaning that r gets negative). 
The material domain presented in Fig. 9, mimics the 
portion of a ceramic roller located close to the chamfer, 
where the imperfection of ellipsoidal shape is located. 
The commercial package ABAQUS is used here for 
the FE analysis. The FE model comprises around 
120,000 linear (8-nodes brick) elements, and the mesh 
density is not uniform through the domain (see Fig. 3): 
it increases in the vicinity of the imperfection while the 
rest of the domain is roughly meshed. Finally, based 
on the precision analysis the current FE discretisation 
was proven being sufficiently fine. 

 
 
 
 
 
 
 
 
 
 
 
 
Figure 8: Creating the FE model at the pre-processor stage. 
The MM of the prescribed ellipsoidal geometry is “carved” 
out of the roller by revolving the elliptical segment. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 9: FE model of a ceramic roller with MM imperfec-
tion at the chamfer. The mesh density increases towards the 
imperfection zone.  
 
The stress boundary conditions, associated with the 
moving contact pressure, are applied on the upper face 
of the domain, denoted by “A” (see Figs. 9). The face 
denoted by “B” corresponds to the roller end face, and 
is free of any boundary condition. All other faces of 
the FE domain are clamped: each node located on these 
faces is constrained to move in all three directions. The 
semi-analytically evaluated contact pressure is applied 
on the FE domain (face “A”)  and is “animated” by 
using the standard ABAQUS subroutine UT-
RACLOAD. In addition to the contact pressure a trac-
tion in x-direction is applied, by multiplying the pres-
sure by the Coulomb friction coefficient (equals to 
0.05 in the current analysis, since good lubrication is 
considered).  
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Results 
Typically, stresses due to contact loads are compres-
sive which is favourable for ceramics, because these 
materials usually have higher strength under compres-
sion compared to tension. Nevertheless, in some cases  
local tension is present which can trigger initiation and 
propagation of cracks. As follows from FE simulations 
(see Fig. 10), some localised tension can be present in 
the vicinity of the chamfer zone, while the rest of the 
domain is subjected to compression. The stresses in 
Fig. 10 are computed for the roller with perfect cham-
fer, while in the case it is damaged by MM, the tensile 
stress can get even higher (which  is the main focus of 
the current study) as result of the stress concentration 
effect. Note, that the distribution of tensile stress σxx 
(see Fig. 10) is not symmetric, but gets higher behind 
the contact zone which is associated with the surface 
friction.  

Figure 10: Local tension at the roller chamfer; no imperfec-
tion is present. 

It should be noted, that the stresses presented in Fig. 
10 correspond to the extreme loading conditions (see 
Fig. 11b): due to high contact load and misalignment, 
the pressure penetrates out of the raceway and gets lo-
cally extremely high. In the other words, the raceway 
to chamfer transition acts as a stress raiser and the pres-
sure peak is the result of the contact zone truncation. It 
is important to note, that the contact pressure in Fig. 
11b is over-estimated at the peak due to assuming 
purely elastic behaviour of the counter-face (bearing 
ring). In reality, however, this high pressure is sup-
posed to mitigate due to local plastic flow at the steel 
ring surface.  
Imperfections of four different types are considered in 
the current work for the FE stress analysis (see Figs. 
12). All imperfections have ellipsoidal shapes and dif-
fer from each other due to their dimensions (defined by 
l, w and d) and the position relatively to the raceway 
(defined by r). The imperfections MM-A and MM-C 
can reasonably mimic the elongated MMs (see Fig. 

3b), while MM-B is more suitable for the MMs of cir-
cular shape (see Fig. 3a). The imperfection MM-C par-
tially penetrates into the raceway, which is a possible 
scenario, too, as was identified during the morphology 
characterisation. The shape of the imperfection MM-D 
is not typical for MMs, however it is included into the 
current parametric analysis in order to cover the wide 
range of MM geometries. The MMs dimensions in 
Figs. 12 covers the worst cases of the imperfection 
sizes identified in the experimental part. 

Figure 11: Pressure distribution along the y-coordinate (at 
x=0) for the roller of 11x12 mm (load F is applied along the 
z-direction, see Fig. 6). Normal conditions (a): F=1150 kgf
(no misalignment); contact pressure occupies 100% of the
raceway. Extreme loading conditions (b): F=1870 kgf +
misalignment of 3 min; contact load occupies 102% of the
raceway.

Maximum tensile stress criterion (known as the Ran-
kine criterion) is used in the current work to assess the 
risk of RCF failure. The maximum tension occurring 
at certain position of contact load during the over-roll-
ing is presented in Figs. 13, for the four different types 
of imperfection considered here. As can be seen from 
the normalized stress fields, the localized tensions in 
the vicinity of MMs are of moderate values, compared 
to the fatigue strength, σf, of Si3N4. The only exigent 
case is MM-C, where the imperfection slightly pro-
trudes into the raceway (see again Figs. 12). This re-
sults in rather high local tension, slightly exceeding the 
σf value.  
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Figure 12: MMs of four different configuration are consid-
ered in the current FE analysis (the MM depth  is not shown 
on the figure). 
 
Recall, that for the sake of being on the safe side, the 
loading conditions were exaggerated (see again Fig. 
11b): high contact load + enormously high misalign-
ment (3 min!). Nevertheless, assuming that such con-
ditions are plausible, the risk of failure is estimated by 
comparing the tensile stress (corresponding to MM-C 
– the most critical case) to the tensile fatigue strength 
of Si3N4. According to 4-points bending test the 
strength of engineered Si3N4 under tension is in the 
range 1.075 – 1.2 GPa, within the 90% confidence in-
terval [10], while under cyclic conditions, it is sup-
posed to be lower. Based on our experience, the tensile 
fatigue strength, σf, was roughly estimated and used to 
normalize the results in Figs. 13. Again, in the case of 
MM penetrating into the raceway (MM-C) the local 
tension at the imperfection is comparable to the fatigue 
limit, meaning that in such case precaution should be 
taken to ensure reliable roller performance.  

Finally, it is important to note that the strength indi-
cated by the 4-points bending test [10] corresponds to 
rather large stress volume, estimated in the range of 2–
3.5 mm3 [11]. In the current case, however, it is much 
smaller: according to FE analysis high tensile stress in 
the vicinity of MM-C occupies around 1.2×10-5 mm3, 
meaning that the strength within such micro-volume is 
supposed to be higher. How to relate the tensile micro-
strength of ceramics to the stress volume size, was pro-
posed in [11]: 

                              𝜎𝜎𝑡𝑡
1

𝜎𝜎𝑡𝑡
2 = �𝑉𝑉2

𝑉𝑉1�
1/𝑚𝑚

                           (1) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 13: Maximum tension (in terms of principle stress 
normalized by the fatigue strength) occurring at certain po-
sition of contact load ( under the extreme loading conditions, 
see Fig. 11b). 
 
In Eq. (1) σt 

i denotes the tensile strength inherent to 
the material at volume Vi , and m is the Weibull mod-
ulus. For the Weibull modulus, of 16 (corresponding 
the 90% confidence interval), the micro-strength ac-
cording to Eq. (1) exceeds 2 GPa. This extends the 
safety margin, meaning eventually, that the risk asso-
ciated with the edge imperfection of the type Missing 
Material is low.  
Finally, it should be mentioned that MM partially pen-
etrating to raceway can cause the reduction of kappa 
(defining the thickness of lubrication film), because  
lubricant can escape from the contact. The reduction of 
film thickness due to the presence of surface dent was 
studied in [12], and this phenomenon is certainly criti-
cal in a full steel bearing and less in a hybrid [3].   
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Conclusions 
According to the current analysis, MMs at the roller 
edges represent a minor risk of fatigue failure. It is con-
cluded by the evaluation of maximum tensile stresses 
in the imperfection vicinity and comparing it to the fa-
tigue strength of Si3N4. Nevertheless it was found, 
that the imperfection  partially penetrating to the race-
way can lead to the stress level that is comparable to 
the fatigue strength. However, this was estimated 
based on the 4-points bending test data, which corre-
sponds to rather large stress volume  (estimated in the 
range of 2–3.5 mm3). In the current case, however, the 
volume subjected to high stress (slightly exceeding the 
fatigue strength) is much smaller, meaning that the 
strength within such micro-volume is supposed to be 
higher. Finally recall, that in order to stay “on the safe 
side”, extreme contact conditions (very high contact 
load and enormously high misalignment) were se-
lected for the current analysis. This further boost our 
confidence in the proposed model. Finally note, that 
edge imperfections of other types can be investigated 
in future, by applying either tensile stress or fracture 
mechanics based criteria and using the similar model-
ling technique.  
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Abstract– Electrical bearing currents, e.g. in inverted-fed electrical machines, may disturb the performance of the 
bearings via damaging the raceway surfaces (mainly fluting). In this paper the steady-state and transient 
temperature of the bearing surface at the electrical contact points between the balls and the raceway (the so-called 
a-spots) is derived in the mixed lubrication state, where metallic contacts are possible. The thermal analysis is 
based on the electric contact model of Holm. First, the contact temperature is analytically calculated. Then, the 
finite element simulations are performed to calculate the contact temperature. Temperature-dependency of the 
metal electrical resistivity ρ is considered based on Wiedemann-Franz-Lorenz law. The sensitivity analyses for the 
contact parameters are presented. The simulation results are compared to the findings of Holm, Andreason, Slade 
and Carslaw on the temperature rise in the contact at the electric current flow. The model can be utilized to predict 
the instantaneous contact temperature at a given a-spot for any given bearing from the measured bearing voltage. 
The bearing voltage and the bearing current are measured at dc and at ac (50 Hz, 10 kHz, 100 kHz, 500 kHz, 
1 MHz) from the experimental setup, designed for the axial ball bearing, type 51208. The electric contact 
temperature on the bearing surface is then interpreted from the measured bearing voltage. The photos from the 
bearing surface showing the melted a-spots and black-color burned oil validate the existence of the high 
temperatures.  

Keywords – Electrical machines, bearing damage, bearing current, bearing voltage, thermal analysis, bearing 
surface temperature, lubrication degradation. 
                      
List of parameters 
Parameter Symbol Unit Parameter Symbol Unit 
Thermal conductivity of steel 𝜆𝜆 W (m ∙ K)⁄  Contact voltage 𝑈𝑈c V 
Electrical resistivity 𝜌𝜌 Ω ∙ m Contact current 𝐼𝐼c A 
Absolute ambient temperature 𝑇𝑇amb K a-spot radius 𝑎𝑎 μm 
Absolute contact temperature 𝑇𝑇c K Model radius 𝑏𝑏 μm 
Wiedemann-Franz-Lorenz 
constant 

𝐿𝐿 2.445 ∙ 10−8  
    V2 K2⁄  

Model voltage 𝑈𝑈 V 

Contact temperature rise ∆𝑇𝑇c K Mass density of steel 𝛾𝛾 kg m3⁄  
Radius in spherical 
coordinates 

𝑟𝑟 m Heat power density 𝑝𝑝 W m3⁄  

Specific heat capacity c J (kg ∙ K)⁄  Young’s modulus 𝐸𝐸 GPa 
 

1. Introduction 
Bearing currents may occur in mechanical roller 

bearings of e.g. inverted-fed electrical machines. The 
performance of these bearings may suffer from the 
bearing currents. The bearing current can degrade the 
properties of the lubricant and/or may damage the 
bearing raceway surface and the roller elements. 
Observations show plastic material deformations on 
the bearing surface such as fluting, leading to bearing 
vibration and gradually bearing failure, caused by 
increased friction [1]. 

Although the electrical bearing current and its 
effects in the electrical machine have been investigated 
for a long time and the critical operating conditions 
have been well identified [2], [3], a clear physical 

description of the damaging process is still under 
research.  

In this paper, the contact theory of mechanical 
switches, [4], [5], [6], is employed for the bearing’s 
electric contact to calculate the temperature on the 
bearing surface at the contact points between the balls 
and the raceway. The thermal damage happens in 
microscopic scale at the presence of a bearing current. 
Here, the thermal analysis is developed for the bearing 
in mixed lubrication state, where the metal-metal 
contacts occur, hence in a rather low speed range 
between 100 min−1 and 800 min−1 for small and 
medium sized roller bearings. At full lubrication e.g. at 
higher speeds, where there is no metallic contact 
between the ball and raceway, the findings here may 
not be applicable.  
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Fig. 1. Holm’s contact model. Schematic picture a) of the contact between the ring and the rolling ball in a roller bearing b) of 
the calculated mechanical contact area 𝐴𝐴Hz = 𝜋𝜋 ∙ 𝐷𝐷Hz

2 4⁄  (Hertz’ian area), actual mechanical contact area 𝐴𝐴m, and electrical 
contact area 𝐴𝐴e = 𝑛𝑛 ∙ 𝜋𝜋𝑎𝑎2. (𝑛𝑛 is the number of the a-spots). c) A symmetric electrothermal contact between two contact bodies: 
body 1 (e.g. ball) and body 2 (e.g. ring). Electric equipotential and isothermal surfaces are concentric semi-ellipsoids. The 
electric contact area in the a-spot is circular. The contact voltage 𝑈𝑈c is the voltage between an infinite far point from contact 
area in body 1 and an infinite far point from contact area in body 2. The contact current 𝐼𝐼c passes the contact area (a-spot). The 
flow paths of electrical current and heat are shown. An oxide film fills the interspace between the contact bodies outside the 
a-spot. 

Imaging the ball rolling on the ring as shown in 
Fig. 1 a), there are metallic contact points (a-spots) 
between the balls and the ring in the mixed lubrication 
state. The actual mechanical contact area 𝐴𝐴m, 
depending on the contact force and the material 
properties, is smaller than the Hertz’ian area 𝐴𝐴Hz [7]. 
The electrical contact area 𝐴𝐴e is much smaller than the 
mechanical area 𝐴𝐴m, by roughly 1000 times, Fig. 1 b) 
[8]. The contact areas generally have arbitrary shape. 
Holm has indicated that considering a circular area 
with radius 𝑎𝑎 for the contact spot facilitates the 
analytical calculation and gives acceptable results in 
general [4]. 

2. Contact at steady state 
Based on Holm [4], the contact voltage 𝑈𝑈c, applied 

between the two contact bodies, forms equipotential 
concentric semi-ellipsoid surfaces around the contact 
area, Fig. 1 c). The voltage gradient is much bigger in 
the vicinity of the contact area than at distant surfaces. 
Half of the contact voltage is concentrated within the 
space at vertical distance ℎ = 𝑎𝑎 from the contact area, 
Fig. 1 c). Hence, the contact body around the a-spot 
determines the contact characteristics, and the rest of 
the body can be neglected.  

In a symmetric contact, the electrical and thermal 
fields are symmetric in both of the contact bodies. 
Thermal conductivity 𝜆𝜆 and electrical conductivity 
1/𝜌𝜌 in metals are originated from the same physical 
mechanism [9], so electrical current flow and heat 
flow, respectively described by Fourier’s and Ohm’s 
law, behave in a similar way [9]. Hence, a simple 
relation connects the “thermal resistance” 𝑅𝑅th and the 
“electrical resistance” 𝑅𝑅el between two points. The 
contact temperature rises due to the ohmic loss of the 
electric current. Due to the similarity of Fourier’s law 
and Ohm’s law, the same isothermal and equipotential 
surfaces are formed around the contact areas, Fig. 1 c). 
For the heat flow calculation Fourier’s law is valid. 
The very small thermal relaxation time τ0 = 1.6 · 10-12 s 
for carbon steels [16] and for the micro-meter scale of 
the a-spot model, results in a negligible heat 
propagation time. Hence the Cattaneo-extension for 
the relativistic heat conduction can be neglected [17].  

The electrical resistivity ρ is much more dependent 
on temperature than the thermal conductivity λ [10]. 
Among the material properties, the electrical 
resistivity ρ is almost linearly dependent on absolute 
temperature T. The dependency of the thermal 
conductivity λ, of the specific heat capacity c and of 
the mass density γ on the temperature T is much 
smaller than 𝜌𝜌, so that they are considered constant 
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[15]. The Wiedemann-Franz-Lorenz (WFL) law for 
metals 

 𝜌𝜌(𝑇𝑇) ∙ 𝜆𝜆(𝑇𝑇) = 𝐿𝐿 ∙ 𝑇𝑇  (1) 

depends on 𝐿𝐿 ≈ 2.445 ∙ 10−8  V2 K2⁄ , which is almost 
independent of the type of metal and of the absolute 
temperature T of the material [9]. Using (1), Holm has 
derived [4]  

 𝐿𝐿 ∙ (𝑇𝑇c
2 − 𝑇𝑇amb

2) =
𝑈𝑈c

2

4  , (2) 

with the absolute temperature of the contact 𝑇𝑇c and of 
the ambient 𝑇𝑇amb. From (2), the steady state contact 
temperature 𝑇𝑇c at thermal equilibrium is calculated. In 
a ball bearing, the contact voltage between the rotating 
ring and the balls equals the contact voltage between 
the stationary ring and the balls, 𝑈𝑈b = 2 ∙ 𝑈𝑈c. The 
contact temperature rise ∆𝑇𝑇c = 𝑇𝑇c − 𝑇𝑇amb is derived 
from the given bearing voltage 𝑈𝑈b (Fig. 2). For 
simplicity, the ambient temperature 𝑇𝑇amb = 273.15 K, 
or 𝜗𝜗amb = 0 ℃. Hence ∆𝑇𝑇c = ∆𝜗𝜗c = 𝜗𝜗c. 

 
Fig. 2. Steady state contact temperature rise ∆𝑇𝑇c for a given 
bearing voltage 𝑈𝑈b (2). The softening, melting and boiling 
temperature for steel material 100Cr6 [18] are indicated. 
𝜗𝜗amb = 0 ℃ is assumed. 

Fig. 2 shows, that in the bearing at the local electric 
contact points the local contact temperature can reach 
the boiling temperature, if a bearing voltage 𝑈𝑈b ≈ 1 V 
is provided and if the contact has enough time to reach 
the steady state temperature. 

3. Contact at transient 

3.1. Analytical calculations 
Andreason has suggested a simplified contact 

model using a spherical contact surface with radius 𝑎𝑎 
instead of the elliptical surfaces of Holm in Fig. 1 c) 
[11]. Andreason’s model has therefore spherical 
symmetry for the electric potential and for the 
temperature field, which makes the analytical study 
much easier. The temperature equation in time 𝑡𝑡 for 
spherical coordinates is 

 𝛾𝛾 ∙ 𝑐𝑐 ∙
𝜕𝜕∆𝑇𝑇
𝜕𝜕𝜕𝜕 =

1
𝑟𝑟2 ∙

∂
∂𝑟𝑟 �𝜆𝜆 ∙ 𝑟𝑟2 ∙

𝜕𝜕∆𝑇𝑇
𝜕𝜕𝜕𝜕 � + 𝑝𝑝(𝑟𝑟) , (3) 

where 𝑟𝑟 is the radius in spherical coordinates, and 𝑝𝑝(𝑟𝑟) 
is the ohmic loss power density due to the contact 
current 𝐼𝐼c at the radius 𝑟𝑟, 

 𝑝𝑝(𝑟𝑟) = 𝜌𝜌 ∙ �
𝐼𝐼c

2𝜋𝜋 ∙ 𝑟𝑟2�
2

,               𝑎𝑎 ≤ 𝑟𝑟 . (4) 

For the transient solution of (3), Andreason 
proposed to linearize the temperature rise using 𝜕𝜕𝜕𝜕/𝜕𝜕𝜕𝜕 
to estimate the temperature rise time, which leads to 
only rough approximations. Carslaw and Jaeger have 
shown [12], that the transient solution of (3) has a 
dominating time constant  

 𝜏𝜏 =
𝛾𝛾 ∙ 𝑐𝑐 ∙ 𝑎𝑎2

4 ∙ 𝜆𝜆  . (5) 

Their solution is combined with the steady-state 
solution of (3) as  

 ∆𝑇𝑇c(𝑡𝑡) = ∆𝑇𝑇c ∙ (1 − 𝑒𝑒− 𝑡𝑡𝜏𝜏) . (6) 

We call this calculation “Method 1”.  

Holm has presented diagrams in [4] for the 
numerically calculated contact temperature rise over 
time ∆𝑇𝑇c(𝑡𝑡), which we call “Method 2”. Our own 
numerical simulation model, according to Section 3.2, 
we call “Method 3”.  

According to Slade [6], in mechanical switches the 
transient of temperature rise is so short, that one can 
assume the steady state temperature for the contact as 
soon as the contact is made. Due to the relatively short 
mechanical contact time between the ball and the ring, 
this transient state is of interest for the study of the 
bearing current in the bearings. We will show in the 
following with the example in Table II, that even for 
the short living mechanical contact between the ball 
and the ring, the local contact temperature may reach 
the steady-state value very likely. 

3.2. Simulation results 
Holm’s contact model is simulated via finite 

element analysis in COMSOL Multiphysics® with the 
boundary and initial conditions shown in Fig. 3 a). The 
voltage drop on the upper half of the symmetric model 
is 𝑈𝑈 = 0.2 V, which represents a contact voltage of 
𝑈𝑈c = 0.4 V in Fig. 1 c). We use 𝑛𝑛 as normal vector on 
the boundary surface. Due to the oxide layer, the model 
is insulated electrically from below, d𝑈𝑈/d𝑛𝑛 = 0, 
except at the contact area of the a-spot, with radius 𝑎𝑎, 
where the electric potential is assumed to be 𝜑𝜑 = 0 V. 
The model is, due to symmetry, insulated thermally 
from below, d𝜗𝜗/d𝑛𝑛 = 0. The initial voltage and the 
initial temperature rise ∆𝑇𝑇(0) overall is zero. Due to 
the very big scale of the model radius 𝑏𝑏, comparing 
with the small a-spot radius 𝑎𝑎, the mesh is refined 
close to the a-spot as shown in Fig. 3 b), to achieve an 
accurate solution for the contact region.  

Softening, 𝜗𝜗 = 800 ℃ 

Melting, 𝜗𝜗 = 1424 ℃ Boiling, 𝜗𝜗 = 2700 ℃ 

𝑈𝑈b = 0.65 V 

𝑈𝑈b = 1.05 V 𝑈𝑈b = 1.85 V 
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Fig. 3. Simulation of contact temperature rise ∆𝑇𝑇c in Holm’s contact model in COMSOL Multiphysics®. a) The electrical and 
thermal boundary and initial conditions. b) Meshing of the Holm model, a-spot radius = 1 μm, model radius 𝑏𝑏 = 1000 μm. 

 

Fig. 4. Parameter study (Table I) for the contact transient and steady-state temperature rise ∆𝑇𝑇c of Holm’s model (Fig. 3). a), b): 
Sensitivity analysis for the a-spot radius 𝑎𝑎. c), d): Sensitivity analysis for the model radius 𝑏𝑏. e), f): Sensitivity analysis for the 
model voltage 𝑈𝑈. Simulation in COMSOL Multiphysics®. Constant thermal conductivity 𝜆𝜆100cr6 = 33 in W (m ∙ K)⁄ . 
Temperature-dependent electric resistivity 𝜌𝜌(𝑇𝑇) = (L ∙ 𝑇𝑇)/𝜆𝜆 = 7.41 ∙ 10−10 ∙ 𝑇𝑇 (in Ω ∙ m). From (2), analytically, if 𝑈𝑈 =
𝑈𝑈c/2 = 0.2, then ∆𝑇𝑇c = 1034.8 K 
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Table I. Simulation results of the contact temperature rise ∆𝑇𝑇c and the a-spot current density 𝐽𝐽a, based on the results in Fig. 4. 

Variables Transient Steady state 

𝑎𝑎  μm⁄  𝑏𝑏  μm⁄  𝑈𝑈  V⁄  Fig. 4 𝑡𝑡  μs⁄  ∆𝑇𝑇c  K⁄  𝐽𝐽a  
A

μm2�  Fig. 4 ∆𝑇𝑇c  K⁄  

0.1 50 0.2 a) 0 0 10.5 b) 1033.5 
    0.4 1026.9 3.11   

1    0 0 1  1033.5 
    4 1015.0 0.322   

10    0 0 0.12  1033.5 
    40 1011.5 0.037   

1 10 0.2 c) 4 1032.0 not assigned d) 1031.5 
 50    1015.0   1033.5 
 100    1013.5   1033.5 
 500    1010.8   1033.5 
 1000    1010.5   1033.5 

1 50 0.1 e) 4 407.5 not assigned f) 421.8 
  0.2   1015.0   1033.5 
  0.4   2274.3   2296.6 

 

The transient and steady-state solutions of the 
contact temperature rise, respectively ∆𝑇𝑇c(𝑡𝑡) and 
∆𝑇𝑇c(𝑟𝑟), in the a-spot are given in Fig. 4. As well as the 
current densities in the a-spot 𝐽𝐽a in Fig. 4 a).  

A parametric study (Table I) is done using the 
model by varying the a-spot radius 𝑎𝑎, the model radius 
𝑏𝑏, and the model voltage 𝑈𝑈.  

In Fig. 4 a), increasing the a-spot radius 𝑎𝑎, results 
in longer temperature rise time 𝜏𝜏, shown also by (5). 
This is due to the lower current density 𝐽𝐽a at the a-spot 
region, which generates the ohmic-loss power density 
𝑝𝑝 = 𝜌𝜌 ∙ 𝐽𝐽a

2. The rise time for the a-spot with a radius 
of 𝑎𝑎 = 1 μm is, due to numerical simulation in Fig. 
4 a), c), e) and (5), less than 1 μs, implying the short 
temperature rise time 𝜏𝜏. The temperature rises close to 
the a-spot region so much, that the rest of body mass 
can be neglected (Fig. 4 b)). The a-spot current density 
𝐽𝐽a has a much faster rise time than the contact 
temperature rise ∆𝑇𝑇c, as shown in Fig. 4 a) with the 
fast-decaying dashed lines. 

Enlarging the model radius for values 𝑏𝑏 ≥ 50 ∙ 𝑎𝑎 
has a negligible effect on the calculated temperature 
distribution in the a-spot Fig. 4 d). Hence selecting a 
model radius 50 times bigger than the a-spot radius 
𝑏𝑏 ≥ 50 ∙ 𝑎𝑎 is sufficient to have an accurate simulation 
for the a-spot temperatures (Fig. 4 c)). Hence model 
radius 𝑏𝑏 has for 𝑏𝑏 ≥ 50 ∙ 𝑎𝑎 no influence on the 
temperature rise time ∆𝑇𝑇c. 

The model voltage 𝑈𝑈 directly determines the 
contact steady-state temperature rise ∆𝑇𝑇c (Fig. 4 f)), 
which has been indicated also in (2). The model 
voltage 𝑈𝑈 has no influence on the temperature rise time 
Fig. 4 e).  

A comparison study between the three methods 
“Method 1”, “Method 2” and “Method 3” is performed 
in Fig. 5 on the transient contact temperature rise 
∆𝑇𝑇c(𝑡𝑡): “Method 1” determines ∆𝑇𝑇c(𝑡𝑡) from the 

analytical approximation in (6) via the exponential 
function, where the steady-state temperature ∆𝑇𝑇c =
1034.8 K is calculated from (2) and the temperature 
rise time 𝜏𝜏 = 27.18 ns is calculated from (5). 
“Method 2” uses the transient data calculated by Holm 
in [4]. “Method 3” shows the simulation results in 
COMSOL (Fig. 4 c), b = 1000 μm).  

The exponential function of “Method 1” with one 
time constant 𝜏𝜏 (6) cannot fit the contact temperature 
rise ∆𝑇𝑇c(𝑡𝑡) of the simulation. However, the presented 
exponential function may be used to make an 
approximation of the transient contact temperature. 
The data of “Method 2”, presented by Holm, show a 
longer rise time. The contact temperature rise ∆𝑇𝑇c(𝑡𝑡) 
reaches 63 % of its final values in “Method 1”, 
“Method 2” and “Method 3”, respectively 
after 0.027 μs, 0.272 μs and 0.030 μs and reach 95 % 
of its final values respectively after 0.081 μs, 0.960 μs 
and 21.744 μs.  

 
Fig. 5. Comparison study for the transient contact 
temperature rise ∆𝑇𝑇c(𝑡𝑡) of the Holm’s model for a-spot 
radius 𝑎𝑎 = 1 μm, thermal conductivity 𝜆𝜆 = 33 W (m ∙ K)⁄ , 
specific heat capacity 𝑐𝑐 = 460 J (kg ∙ K)⁄ , mass density 𝛾𝛾 =
7800 kg m3⁄ .  

In Fig. 5, the simulation result (“Method 3”) should 
be the most accurate one, since no considerable 
simplification for the a-spot contact model is used. The 
analytical exponential function (“Method 1”) 
represents the simulation results very well, within the 
time 𝑡𝑡 ≤ 𝜏𝜏 = 0.027 μs. 
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3.3. Case study 
Here an example is calculated for the rolling time 

of a-spot on the Hertz’ian area in the roller bearing, 
illustrated in Fig. 1 a). We want to check if the a-spot 
has mechanically enough time to reach the high 
temperatures, due to the electrical current flow. 
Assumed is an axial ball bearing, type 51208, with a 
bearing force 𝐹𝐹b = 800 N and bearing speed 𝑛𝑛 =
500 min−1. The Hertz‘ian contact area for one ball 
contact 𝐴𝐴Hz = 0.11 mm2 is calculated. Assuming a 
circular Hertz‘ian area, a Hertz‘ian contact diameter 
𝐷𝐷Hz = �𝐴𝐴Hz 4 ∙ 𝜋𝜋⁄ = 374 μm is calculated. For the 
given speed 𝑛𝑛, the frequency of the ball about its axis 
is 𝑓𝑓r = 21.8 Hz. The ball has the diameter 𝐷𝐷wk =
10.55 mm, hence the linear velocity of the ball at the 
contact point is 𝑣𝑣 = 2π ∙ fr ∙ 𝐷𝐷wk 2⁄ = 722.7 mm s⁄ . 
For the a-spot radius 𝑎𝑎 = 1 μm, the rolling time of the 
a-spot is calculated in Table II for two cases: 1) With 
elasticity 𝐸𝐸 = 210 GPa and 2) with elasticity 𝐸𝐸 ≫
210 GPa. 

Table II. Rolling time of the a-spot. 

Case Rolled 
diameter 

a-spot 
rolling time 

Ratio to the 
contact time 
constant (5) 

1) 𝐸𝐸 =
210 GPa 

𝐷𝐷Hz
= 374 μm 

∆𝑡𝑡1 =
𝐷𝐷Hz

𝑣𝑣
= 517.5 μs 

∆𝑡𝑡1

𝜏𝜏
= 17250 

2) 𝐸𝐸 ≫
210 GPa 

𝐷𝐷a−spot 
= 2 ∙ a
= 2 μm 

∆𝑡𝑡2 =
𝐷𝐷a−spot

𝑣𝑣
= 2.77 μs 

∆𝑡𝑡2

𝜏𝜏
= 92.3 

The shortest rolling time of the a-spot would be the 
case, where the Hertz‘ian area would have a minimum 
value, we say 𝐴𝐴Hz → 𝜋𝜋 ∙ 𝑎𝑎2, hence the elasticity of the 
contact body would be very big 𝐸𝐸 ≫ 210 Gpa. In this 
case, the ball only rolls over the a-spot and hence a 
short a-spot rolling time ∆𝑡𝑡2 = 2.77 μs is calculated. 
For a common elasticity, 𝐸𝐸 = 210 Gpa, the a-spot 
remains on the Hertz‘ian area, as it enters the Hertz‘ian 
area (see Fig. 1 a)) and is mechanically separated, as it 
exits the Hertz‘ian area, hence an a-spot rolling time 
of ∆𝑡𝑡1 = 517.5 μs is calculated. For the given a-spot 
radius 𝑎𝑎 = 1 μm, the contact temperature time 
constant 𝜏𝜏 ≅ 0.03 μs is calculated from (5). The 
contact time constant τ is so short, that even for the 
short a-spot rolling time ∆t2, the a-spot has enough 
time to reach the high temperatures ∆t2 τ⁄ = 92.3, let 
alone for case 1), where ∆t1 τ⁄ = 17250. 

4. Experiments 

4.1. Setup 
To measure the bearing voltage 𝑢𝑢b and bearing 

current 𝑖𝑖b under controlled bearing speed 𝑛𝑛 and 
bearing force 𝐹𝐹b, the test rig in Fig. 6, was built. Each 
bearing has 15 balls. The bearings are electrically 
connected in series. The used equipment is listed in 
Table III. 

 
Fig. 6. The experimental setup. a) the used equipment b) the 
test rig structure. The test rig structure uses no mechanical 
brushes to measure the bearing voltage at rotation. 

 
Table III. Used equipment and lubrication  

Equipment Description 
Axial 
bearing 

Type 51208, 𝑧𝑧 = 15 balls, inner diameter 
𝑑𝑑 = 40 mm , outer diameter 𝐷𝐷 =
68 mm, width 𝐵𝐵 = 19 mm, company 
FAG 

Oscilloscope Waverunner LT364L, 500 MHz, 
accuracy 2 mV, vertical resolution 8 bits, 
capture memory 500 k samples  

Current 
clamp 

IWATSU SS-250, 100 MHz, max. 30 A, 
accuracy ±1.0% or ±10 mA 

Voltage 
probe 

TT-SI200, 200 MHz, ±60 V, accuracy 
±1.0% or ±20 mV 

DC power 
supply 

Model K3010D, 30V, 10A, company 
LANG WEI 

AC 
amplifier 

Model Prefer point five, M.F. amplifier, 
company UMMELS Geleen 

DC motor Model 110ZYT, 24V, 700W,  
3000 min-1, company Lanjui 

Lubrication Mineral oil, with lithium thickener, water 
content 200 ppm, specific electrical 
resistivity 𝜌𝜌 ≈ 1014 Ω ∙ cm 

 

  

Soldered copper wire 

AC power supply 
voltage mode 
𝑈𝑈�s,ac = 20 V 

Axial Ball Bearings 
Speed meter  

Variable resistance 𝑅𝑅var 

700 W DC motor 

Bearing body temperature 𝑇𝑇amb meter 

DC power supply 
voltage mode 
𝑈𝑈s,dc = 20 V 

Speed controller  

  

 
DC motor 

Stationary part  

Base Base  

Ring 4 
Ring 3 
Ring 2 
Ring 1 

𝑈𝑈s 

𝑅𝑅var 

Bearing 2 

Bearing 1 

Bearing force 𝐹𝐹b 

Rotating part 

a) 

b) 

Electrically 
insulated 
coupling  

from plastic 
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The bearing voltage 𝑢𝑢b is lower than 1.5 V and the 
source voltage 𝑢𝑢s is 20 V. So, the variable resistance 
𝑅𝑅var between the voltage source 𝑈𝑈s and the bearings 
(see Fig. 6 b)) can regulate the bearing current 𝑖𝑖b. For 
DC measurements, the source voltage 𝑈𝑈s,dc = 20 V is 
supplied from the DC power supply. For AC 
measurements 𝑈𝑈�s,ac = 20 V is supplied from the AC 
amplifier at frequency up to 10 kHz. At higher 
frequencies, the output voltage of the AC amplifier 
decreases. Two copper wires are soldered on ring 1 and 
ring 4 to connect the bearings to the electric circuit. 
The voltage probes are connected close to the bearing 
rings to avoid measuring the voltage drop on the 
connecting cables.  

To apply a bearing force 𝐹𝐹b, a screw structure with 
a spring ring is used. The bearing force is measured via 
the load cell. Ring 1 and ring 4 are fixed. Ring 2 and 
ring 3 rotate. The rotation is provided by the shaft of 
the driving DC motor. The motor shaft is electrically 
insulated from the bearings via the insulated coupling. 
Temperatures of ring 1 and of ring 4 are monitored via 
the thermo-couple elements soldered on the rings. 

Ring 1 is located on the metallic base, which has 
the room temperature 28 °C. Ring 4 can thermally 
conducts heat only via the balls. Therefore ring 1 is 
cooler than ring 4. 

4.2. Measurements 
The bearing voltage 𝑢𝑢b and the bearing current 𝑖𝑖b 

are measured at bearing speed 𝑛𝑛 = 1500 min−1, 
bearing force 𝐹𝐹b = 800 N from the test ring in Fig. 6. 
For the given bearing force 𝐹𝐹b, the Hertz’ian area 
𝐴𝐴Hz = 1.648 mm2 is calculated. Before measuring the 
signals, the test rig is run without electrical current for 
1 hour to settle the temperature and the lubrication 
state in the bearings. During the measurements, the 
temperature of ring 1 𝜗𝜗ring1 = 40 ℃ and of ring 4 
𝜗𝜗ring4 = 53 ℃ are measured.  

The measured bearing voltage 𝑢𝑢b and the bearing 
current ib at DC and at AC (50 Hz, 10 kHz, 1 MHz) 
are shown in Fig. 7. For dc, 50 Hz and 10 kHz, the 
source voltage amplitude 𝑈𝑈�s = 20 V. At dc, 50 Hz and 
10 kHz, the bearing voltage 𝑈𝑈b is limited to 𝑈𝑈b ≈ 1 V. 
Based on Fig. 2, bearing voltage 𝑈𝑈b ≈ 1 V corresponds 
to the melting point of the bearing steel. So, one can 
interpret that at this voltage the electric contact 
asperities are melt down and create electric conductive 
channels. These channels are available, as long as the 
bearing voltage is kept. If the external electric circuit 
injects more current, these channels enlarge. The 
channels are extinguished, when, due to mechanical 
rotation, the contact bodies apart, or when no current 
is supplied externally, so the oxidation recovers the 
metallic surfaces.  

 
Fig. 7. Measured bearing voltage 𝑢𝑢b and bearing current 𝑖𝑖b 
for the test rig in Fig. 6. Bearing speed 𝑛𝑛 = 1500 min−1, 
bearing force 𝐹𝐹b = 800 N, lubrication mineral oil, 𝜗𝜗ring1 =
40 ℃, 𝜗𝜗ring4 = 53 ℃, Hertz’ian area 𝐴𝐴Hz = 1.648 mm2. 
Measurements after a mechanical run of 1 hour.  

 
For AC, at 1 MHz, the bearing voltage reaches 

𝑈𝑈b ≈ 1.5 V at 𝑡𝑡 = 0.2 μs. At 1 MHz, the amplifier can 
supply a voltage amplitude up to 𝑈𝑈�s = 4.2 V. At 𝑡𝑡 ≈
0.1 μs the bearing voltage reaches 𝑈𝑈b ≈ 1 V, afterward 
𝑈𝑈b > 1 V is available for ∆𝑡𝑡 ≈ 0.25 μs. Based on 
Fig. 5, this time span is in the range of times, calculated 
to reach the high contact temperatures 𝜗𝜗c for an a-spot 
with radius 𝑎𝑎 = 1 μm. Therefore, it seems reasonable 
to explain the bearing “fritting” voltage of 𝑈𝑈b ≈ 1 V 
with the transient behavior of the a-spot. 

An overview on the amplitude of the measured 
bearing voltage 𝑈𝑈�b for the bearing current amplitude 
𝐼𝐼b = 0.1 … 3 A at signal frequencies 𝑓𝑓 = 0 … 1 MHz 
are presented in Fig. 8.  
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Fig. 8. Average amplitude of the measured bearing voltage 
𝑈𝑈�b against the bearing current amplitude 𝐼𝐼b = 0.1 … 3 A at 
signal frequencies 𝑓𝑓 = 0 … 1 MHz from the test rig in Fig. 6. 
Bearing speed 𝑛𝑛 = 1500 min−1, bearing force 𝐹𝐹b = 800 N, 
lubrication mineral oil, 𝜗𝜗ring1 = 40 ℃, 𝜗𝜗ring4 = 53 ℃, 
Hertz’ian area 𝐴𝐴Hz = 1.648 mm2. Measurements after a 
mechanical run of 1 hour.  

Fig. 8. shows, that the bearing voltage is almost 
independent from the bearing current. The bearing 
voltage amplitude 𝑈𝑈�b is around the melting voltage of 
the steel, 1.05 V (see Fig. 2), except at high 
frequencies, here 500 kHz and 1 MHz, where the 
dynamic of the contact temperature allows higher 
bearing voltages. The slight differences in the bearing 
voltage at dc, 50 Hz, 10 kHz and 100 kHz refers to the 
dynamic of the fritting, i.e. the creation of conductive 
metal channels between two metal bodies and their 
enlargement. Similar investigations on the bearing 
voltage 𝑈𝑈b against the bearing current 𝐼𝐼b were carried 
out by Prashad and Pittroff [13], [14], where bearing 
voltages around 𝑈𝑈b ≈ 0.8 V are reported.  

4.3. Photos 
The bearing surface, exposed to electric bearing 

current, shows micro changes on the surface. Based on 
our records, the changes may develop to fluting after a 
while or may remain not developing to fluting. The 
difference between a bearing exposed to bearing 
currents and a bearing with the same mechanical 
operating conditions but not exposed to bearing 
currents are shown in Fig. 9 and Fig. 10. 

Fig. 9 a) shows parts of the ring 1a, the ring 2a and 
the cage for the bearing, exposed to dc bearing current 
𝐼𝐼dc = 4 A, via the setup shown in Fig. 6, where 𝑈𝑈s =
20 V. The bearing in Fig. 9 b) have seen no bearing 
current. The micro changes on the surface of ring 1a 
and ring 2a are obvious. The lubrication exposed to the 
bearing current becomes dark in the first hours of 
operation. The lubrication without the bearing current 
keeps its original color. The fluting width is about 𝑤𝑤 ≈
300 μm (Fig. 9 a)).  

The micro changes, interpreted as the print of the 
melted a-spot, have a diameter between 𝐷𝐷a−spot ≈
0.3 …  3 μm.  

 
Fig. 9. Bearing surface and lubrication after 24 h operation. 
Axial ball bearing type 51208. Bearing speed 𝑛𝑛 =
1500 min−1, bearing force 𝐹𝐹b = 200 N, lubrication Arcanol 
Multi 3. 
a) With DC bearing current. Bearing voltage 𝑈𝑈b ≈ 1 V, 
bearing current 𝐼𝐼b = 4 A, apparent bearing current density 
𝐽𝐽dc = 6 A/mm2, Ring 1a temperature 𝜗𝜗1a = 44.4 ℃ 
b) Without bearing current. Ring 1b temperature 𝜗𝜗1b =
37.5 ℃.  

Fig. 10 a) shows part of a raceway surface of a bearing, 
exposed to Electric Discharge Machining (EDM) 
bearing currents [1]. The high resolution photo of the 
bearing surface reveals the impact of melting 
temperatures on the a-spot. With the same mechanical 
operating conditions the bearing in Fig. 10 b), exposed 
to no bearing currents, does not have such impacts. 

 

5. Conclusion 
The findings propose an accurate contact model to 

study the temperature of the a-spots in bearings. The 
temperature at the a-spots 𝜗𝜗c can be calculated simply 
from the bearing voltage 𝑈𝑈b = 2 ∙ 𝑈𝑈c. The derived 
equations are based on the findings of Holm, 
Wiedemann-Franz-Lorenz, Andreason and Slade for 
the electric contact. The a-spot area comprises a very 
small portion of the mechanical contact area. 
Simulation of the a-spot was achieved via the finite 
element analysis in COMSOL Multiphysics®, using 
the constant thermal conductivity 𝜆𝜆 and the 
temperature-dependent electric resistivity 𝜌𝜌(𝑇𝑇). 
Simulations showed that the temperature decreases 
sharply within a short distance from the a-spots. A 
contact model, with an outer radius 50 times bigger 
than the a-spot radius 𝑏𝑏 ≥ 50 ∙ 𝑎𝑎, can represent very 
well the temperature distribution for an infinite big 
model 𝑏𝑏 = ∞.  

1 MHz 
500 kHz 100 kHz 10 kHz 

50 Hz 
dc 

4.5 mm 4.5 mm 

4.5 mm 4.5 mm 

18 mm 18 mm 

dark glassy Original grease 

a) b) 

Ring 1a 

Ring 2a 

Ring 1b 

Ring 2b 

Fluting 

micro changes 

300 μm 
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Fig. 10. Electron microscopy of the bearing raceway surface. 
Radial ball bearing type 7305, bearing speed 𝑛𝑛 =
1000 min−1, bearing axial force 𝐹𝐹b,a = 3 kN, bearing inner 
ring temperature 𝜗𝜗ir = 30 ℃, bearing outer ring temperature 
𝜗𝜗or = 52.5 ℃, results after 500 h. [1] 
a) With EDM bearing current. Average of the bearing 
voltage amplitude 𝑈𝑈�EDM = 15 V, average of the bearing 
current amplitude 𝐼𝐼E̅DM = 0.4 A, average of the apparent 
bearing current density 𝐽𝐽E̅DM = 0.09 A/mm2, switching 
frequency 𝑓𝑓s = 10 kHz.  
b) Without bearing current  

The temperature rise time is highly dependent on 
the a-spot radius 𝑎𝑎. For an a-spot radius of 𝑎𝑎 = 1 μm, 
the temperature reaches at 95% of its final value after 
0.96 μs. The contact steady-state temperature 𝜗𝜗c,ss is 
directly dependent on the bearing voltage 𝑈𝑈b. The 
melting point 1424 ℃ of the contacting asperities at 
the a-spots are reached for a bearing voltage 𝑈𝑈b =
1.05 V. The measured bearing voltage is around 𝑈𝑈b ≈
1V. The bearing surface at the electric contact point is 
melted. The prints of the melted a-spot are observed 
on the raceway surface of a bearing exposed to bearing 
current, where the burned lubrication has a dark color. 
This may give a clue for the investigation of the 
damage, e.g. fluting, in the bearings exposed to 
electrical currents. 
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